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Abstract

In the field of high-speed rail transport, the need to use suspensions with adjustable damping
characteristics to increase passengers’ comfort, reduce transmission of vibrations to the carbody and
thus increase driving stability, has led to the introduction and development of semi-active and full-
active suspensions.

The yaw damper is generally placed longitudinally between the bogie frame and the carbody and has
the purpose of limiting the lateral oscillation motion of the bogie caused mainly by the conicity of
the wheels rigidly connected to each other and which can lead to dynamic instability at high speeds.
The passive hydraulic yaw damper is adapted through the introduction of an electronically controlled
servo-valve which allows the oil to be regulated between the two damper chambers, thus adjusting
the damping characteristic. A numerical model of semi-active and full-active yaw damper is
introduced in Simulink together with the control logics used to regulate its characteristic. The
multibody model of high-speed train is instead obtained through Simpack software. The control
logics introduced for the yaw damper are then tested by numerical co-simulations showing an
increase in driving stability both in the case of a semi-active and full-active solution.

The control logics for the semi-active damper were finally analyzed by laboratory tests, using a
Hardware-in-the-Loop approach. The results of these tests show that the type of control logic adopted
for controlling the semi-active damper plays a very important role in determining the stability of the
vehicle.

Keywords: high-speed trains; yaw damper; hydraulic actuator; control logics; HIL tests
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Sommario

Nell’ambito del trasporto ferroviario ad alta velocita la necessita di utilizzare sospensioni con
caratteristiche smorzanti regolabili per aumentare il comfort dei passeggeri, diminuire la trasmissione
di vibrazioni alla cassa e aumentare quindi la stabilita di marcia, ha portato all’introduzione e allo
sviluppo di sospensioni semi-attive e attive.

Lo smorzatore anti-serpeggio ¢ generalmente posto in maniera longitudinale tra carrello e cassa del
veicolo e ha lo scopo di limitare il moto di oscillazione laterale del carrello causato principalmente
dalla conicita delle ruote rigidamente connesse tra loro e che pud portare a instabilita dinamica per
elevate velocita di marcia. Lo smorzatore anti-serpeggio idraulico passivo viene adattato tramite
I’introduzione di una servo-valvola controllata elettronicamente che permette di regolare il passaggio
d’olio tra le due camere dello smorzatore, andando cosi a modificarne la caratteristica smorzante. Un
modello numerico di smorzatore anti-serpeggio semi-attivo e attivo viene introdotto in Simulink
insieme alle logiche di controllo usate per regolarne la caratteristica. Il modello multibody di treno
ad alta velocita ¢ invece ottenuto tramite software Simpack. Le logiche di controllo introdotte per lo
smorzatore anti-serpeggio vengono quindi testate tramite co-simulazioni numeriche evidenziando un
aumento della stabilita di marcia sia in caso di soluzione semi-attiva che attiva.

Le logiche di controllo per lo smorzatore semi-attivo sono state infine analizzate mediante prove di
laboratorio, utilizzando un approccio Hardware-in-the-Loop. I risultati di queste prove evidenziano
che il tipo di logica adottato per il controllo dello smorzatore semi-attivo assume un ruolo molto
importante nel determinare la stabilita del veicolo.

Parole chiave: treni ad alta velocita; smorzatore anti-serpeggio; attuatore idraulico; logiche di
controllo; banco HIL.
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Chapter 1 Introduction

High-speed railways are facing an increasing demand to increase service speed, leading to the
concept of “Very-High-Speed-Trains” (VHST), which means trains capable of running at speeds
beyond 300 km/h. For instance, trains are already operated at speeds higher than 300 km/h in France
and Japan [1-4], whilst in China the target speed for some lines is 380 km/h [5-7]. Raising service
speed expands the range of distances in which VHST can provide a fast, efficient and seamless
transportation means for passengers, winning the competition with airplanes and at the same time
providing an energy efficient and environmentally friendly way of transporting people.

One of the major technical challenges with raising the service speed of VHST is to ensure vehicle
stability at very high speed. Indeed, railway bogies travelling at high speed tend to exhibit a self-
excited vibration consisting of a combination of lateral motion and yaw rotation. This phenomenon
is known as ‘bogie hunting’ and is caused by the conicity of the wheels when the two wheels in a
same wheelset are rigidly connected by a solid axle [8]. A vehicle exhibiting a large hunting motion
with lateral wheelset/track relative displacements in the range of 6-8 mm is traditionally said to be
‘unstable’, despite the motion occurring in this case is a stable periodic motion. Apart from
terminology issues, an ‘unstable’ running of the bogie means that large track shift forces are
generated between the wheelsets and the track, with the possible risk that the unstable bogies will
produce large permanent misalignment of the track in lateral direction, ultimately impairing or even
endangering the circulation of next trains.

A well-established way to reduce bogie hunting and ensure vehicle ‘stability’ at speeds up to
300+350 km/h is to use passive hydraulic yaw dampers. These dampers are mounted between the car
body and the bogie frame on the side of the bogie and react to a yaw motion of the bogie relative to
the car body, increasing the energy dissipation for this kind of motion and therefore counteracting
the formation of a large hunting limit cycle. However, when attempting to further raise the speed of
the train, the use of passive yaw dampers finds some limitations. First of all, it is not possible to
simply increase the damping force of the yaw dampers, because this would produce large yaw torques
applied on the bogie when the vehicle negotiates curve transitions, which might impair the steering
capability of the vehicle and possibly lead to a derailment. Furthermore, the damping capability of
hydraulic dampers becomes lower at increasing frequencies, due to the effect of internal flexibility
and elastic deformation of the end mountings [9]. Finally, very large yaw dampers are difficult to
accommodate on a bogie and their use may become critical in case of a failure, whilst the duplication
of yaw dampers is unfavourable from a life cycle cost point of view.

An innovative solution to the problem described above is represented by the use of active or semi-
active devices to replace passive yaw dampers. This enhanced solution allows to exploit at best the
damping capability of the active or semi-active device, maximizing the part of the force generated
by the device which is in counterphase to the yaw speed of the bogie frame (thus maximizing energy
dissipation) at the same time reducing as much as possible the part of the force which is in phase
with bogie displacement, as this component results in an unwanted elastic force effect [10]. An
additional advantage of using an active yaw damper is that this device can be also used to help the
vehicle running through curves.
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In the past, the use of active yaw dampers, also known as “Secondary Yaw Control” (SYC) has been
proposed with application to long-distance / high-speed trains [10-12] with a focus on raising the
vehicle’s critical speed, but also for low speed railway cars [13] and freight locomotives [14]. The
solution proposed for high-speed vehicle in [10, 11] was based on the use of an electromechanical
actuator but had the drawback of being potentially sensitive to failures like jamming of the ball screw
in the actuator, which might lead to blocking the rotation of the bogie relative to the car body,
resulting in a high risk of derailment.

In this thesis, the active yaw damper concept is revisited for a VHST, considering however hydraulic
actuation instead of electromechanical. The main advantage of this technology is that jamming of
the actuator is impossible, facilitating the fail-safe design of the device. However, the pass-band of
hydraulic actuators is highly depending on the performances of the hardware used (particularly
proportional valves or servo-valves) and care must be paid to make sure that the component can
provide the required performances in terms of maximum force and pass-band and also that it is
capable of guaranteeing a safe running condition also in case of failure. Besides the full-active
solution, the thesis also considers the case of a semi-active hydraulic yaw damper which, compared
to a full-active solution, is easier to install on a vehicle due to the absence of bulky equipment such
as the pumps and is also less expensive.

In the thesis a concept and preliminary dimensioning for one full-active and one semi-active yaw
damper is developed and suitable control laws for both are defined. A multi-body model of a vehicle
for a VHST train is built using software Simpack and numerical simulations are performed to assess
the behavior of the vehicle with active and semi-active suspensions, considering as a reference the
same vehicle equipped with a traditional passive yaw damper. The multi-body model incorporates a
dynamic model of the semi-active or active actuator and is established using a co-simulation between
Simulink and Simpack.

Finally, a Hardware-in-the-Loop (HIL) tests rig is designed, allowing to perform laboratory tests on
passive, semi-active and full-active yaw dampers and to reproduce conditions close to the one of the
real case of a vehicle running on the track, so that the effectiveness of the control strategies can be
assessed using the real hardware. Results of test on a prototype semi-active damper (realized outside
this thesis work) are reported and consideration about the suitability of different control strategies in
relation to the pass band of the proportional valve in the damper are provided.

The thesis is structured as follows:

In Chapter 2 an overview of the state of the art in high-speed railway field is presented and discussed,
with a focus on yaw damper technology and its benefits. The configurations and the technologies
adopted for passive, semi-active and full-active devices are presented. Different actuator types with
their specific characteristics, as well as advantages and disadvantages, are described. The main
control strategies adopted for semi-active and full-active suspensions are introduced referring to
previous studies that have covered these fields.

In Chapter 3 the yaw damper concept is introduced. The control logics of the semi-active and full-
active yaw dampers are presented both from a qualitative and numerical point of view. In particular,
for the semi-active case the Maximum Power Point Tracking (MPPT) and the sky-hook control logics
are considered and analyzed, while for the full-active case the ideal reference damping force control
logic is taken into account. Then, mathematical models are formulated for the semi-active and full-
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active yaw dampers and simplified models are derived to obtain models suitable for numerical
simulations.

In Chapter 4 the Simpack multibody model of a single railway vehicle is introduced, considering
three versions: with passive, with semi-active and with full-active yaw dampers. Then, different
methods for stability assessment are presented also based on the EN 14363 Standard [15] . In the last
part of the chapter, the stability assessment considering numerical multibody simulations for the
passive, semi-active and full-active solution is performed, and the results are discussed.

In Chapter 5 the laboratory setup for HIL tests is presented and described. Since the multibody model
defined in Simpack is too complex for real-time simulations a simplified model with only two
degrees of freedom is developed and validated. Finally, the results of the HIL tests are shown and
explained both for the MPPT and sky-hook control strategies.

Finally, Chapter 6 provides some conclusive remarks and outlines possible future extensions of this
work.






Chapter 2 State of Art

The subject of railway vehicle dynamics has developed principally as mechanical engineering
discipline, but an important technological change is starting to occur through the use of semi-active
and active suspension concepts. In this chapter past investigations addressing the use of active and
semi-active control in railway vehicle suspensions are reviewed. In the first part, the basics of semi-
active and full-active suspensions are described. Then, the main actuator types will be introduced,
describing for each one the principal pros and cons and the application fields. Finally, a large set of
control strategy will be mentioned with some specific case of application and a few examples of
active secondary suspensions will be considered.

2.1 Basics of semi-active and full-active suspensions

In the last decades, with the increase of railway vehicle speed, the mechanical vehicle’s dynamic
performance is negatively affected and for this reason suspensions and other components of the
railway vehicle have to be modified in order to compensate for the deteriorated dynamic behavior.
From the suspension point of view, improvement possibilities due to passive suspension technology
will eventually reach a limit because of the mechanical limitation of the components. Therefore,
semi-active and full-active suspension technology in railway vehicles are considered as a valid
alternative solution for this issue, since they could be offer better possibilities of improving the
vehicle’s dynamic performance compared to the conventional passive solution. Although the term of
“semi-active suspension” and “active suspension” are commonly taken to providing improved ride
quality in fact, they are generic terms that define the use of actuators, sensors and electronic
controllers to enhance and/or replace the spring and dampers that are the key constituents of a
conventional, purely mechanical, “passive” suspension; as such they can be applied to any aspect of
the vehicle’s dynamic system [16].

Vehicle dynamicists have been aware of active suspensions for some time, with major reviews having
been undertaken in 1975 so far they have only found substantial application in tilting trains, which
can now be thought of an established suspension technology.

The concept of active technology in rail vehicles has been analyzed theoretically and experimentally
since the 1970s [17-19], but until some years ago it has not yet made its convincing breakthrough in
operational use (except for tilting train technology), as has been experienced in, for example aircraft
and automotive industry. With reliability increase and cost decrease of active control technologies,
these technologies become more and more common in personal cars. However, active control
technology has not yet completely revolutionized the rail vehicles dynamic performance. The main
reasons for the non-complete success of implementing and maintaining active technology in railway
vehicles is the high cost and fault problems. Compared to the passive solution, the active suspension
system must prove to be at least as reliable and safe as a passive suspension, in order to be considered
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as an option. However, if a concept can be found that simultaneously manages good performance
and acceptable costs there is significant potential for future implementation [12].

Active control of the vehicle suspensions can be used to obtain levels of dynamic performance that
are not possible with purely passive solutions, facilitating higher speed and/or reduced train track
interaction. The general scheme of an active suspension is shown in diagrammatic form in Figure
2.1. The input/output relationship provided by the suspensions is not anymore dependent just by the
value of masses, springs, dampers and the geometrical arrangement as in the passive case, but it also
depends on control strategy and the sensors and actuator configurations. Moreover, with the active
control introduction, it is possible to reach performances that are impossible, or at least very difficult,
to reach with a passive suspension [12].

Vehicle outputs
(acceleration,

Track inputs .
P displacements, etc.)

—

Rail vehicle
Mechanical
system
Actuator Monitoring
system system (sensors)

Controller

Figure 2.1 Generalized active suspension scheme [16].

The greatest benefits can be achieved by using fully-controllable actuators with their own power
supply, such that the desired control action (usually a force) can be achieved irrespective of the
movement of the actuator. Energy can flow from or to the power supply as required to implement
the particular control law. This is known as a “full-active” suspension, but it is also possible to use a
“semi-active” approach in which the characteristic of an otherwise passive suspension component
can be rapidly varied under electronic control (Figure 2.2).

4 Control Control
Unit Unit

Power

Primary suspension Supply

Track Track

Semi-active Fully-active

Figure 2.2 Semi- and full-active control [16].

The benefit of the semi-active approach compared with full active is one of simplicity, because a
separate power supply for the actuator is not needed. The disadvantage of a semi-active damper is
that the force remains dependent upon the speed of damper movement, which means that large forces
cannot be produced when the speed is low, and, in particular, it cannot develop a positive force when
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the speed reverses because it is only possible to dissipate energy, while it is not possible to feed
mechanical power to the vehicle’s motion. Figure 2.3 clarifies the limitation by showing areas on the
force-velocity diagram that are available for a semi-active damper based upon its minimum and
maximum levels, whereas an actuator in a full-active system can cover all four quadrants. This
limitation upon controllability restricts the performance of a semi-active suspension to a significant
degree [16].

- indicates not available

Force

Damper variation
-

.—""‘

Velocity

Figure 2.3 Force-velocity diagram for semi-active damper [16].

Halfway between passive and full-active suspensions, there are also semi-active and semi-passive
controls [12]. Semi-active controls vary rapidly the characteristics of another-wise passive element
on the basis of measurements of variables within the dynamic system. Semi-passive, adjustable
passive and adaptive passive controls modify the characteristics on the basis of a variable that is not
influenced by the dynamic system being controlled (e.g. as a function of the vehicle speed). Those
alternatives are relatively simple to implement and less demanding in power consumptions, but the
performance improvements are not as significant compared with what is possible with full active
suspension [12].

Active control can be applied to any or all of the suspension degrees-of-freedom (in principle every
rigid mode and all relevant flexible modes), but in practice, control is usually restricted to a subset.
Most commonly, control is applied in the vertical, lateral or roll direction, depending principally
upon where the actuators are fitted within the suspension and what sensors are being used to provide
feedback signals. Generally, there would be minimal coupling from an active vertical suspension to
either lateral or roll, but interactions between lateral and roll direction can be profound.

An interesting comparison between fully-active and semi-active suspension concepts has been
performed by Ballo [20], however, applied to a quarter-car road vehicle. When analyzing the root
mean square value of the sprung mass acceleration the semi-active suspension concept offers as good
reduction as the fully-active, additionally, to much lower power consumption. In contrast, the root
mean square value of the force transmitted to the roadway is significantly reduced with the fully-
active system compared to the semi-active. It was also shown that the fully-active suspension concept
offers possibilities of further increase of the effectiveness (however, at the expense of increased
power consumption), whereas the semi-active concept is rather limited.

In general, in many observed studies [20-22], fully- and semi- active suspensions are being
compared, with the results that fully-active actually offers better performance and ride comfort
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improvement. However, when it comes to implementing active suspension for operational use, the
semi-active concept or passive concept are always chosen. The explanation, as mentioned before, is
that fully-active suspension is more expensive, and the railway companies not yet fully believe in the
system’s reliability.

It is important to understand that the improved performance offered by an active suspension can be
utilized from an operative point of view in different ways. The first option is simply to provide the
passengers with a better ride quality, but if the ride quality is already good there is little justification
for the extra cost of the active suspension. The second option is the possibility of running faster and
using the improved performance to maintain an acceptable ride quality. The third option is to operate
the train on a lower quality track, with the active suspension again being used to maintain acceptable
ride quality: in this case, a significant savings in track maintenance, arising from not needing to
achieve such a high track quality, can be used to justify the active suspension [12].

Active secondary suspension can be used in lateral and/or vertical directions and different actuator
configurations are possible to use as illustrated in Figure 2.4. Actuators can be used to replace the
passive suspensions as shown in Figure 2.4(a) and the suspension behavior will be completely
controlled via active means. In practice, however, it is more beneficial that actuators are used in
conjunction with passive components. When connected in parallel, as illustrated in Figure 2.4(b), the
size of an actuator can be significantly reduced as the passive component will be largely responsible
for providing a constant force to support the body mass of a vehicle in the vertical direction or quasi-
static curving forces in lateral direction. On the other hand, fitting a spring in series with the actuator,
as shown in Figure 2.4(c), helps with the high frequency problem caused by the lack of response in
the actuator movement and control output at high frequency, and in practice a combination of parallel
spring for load-carrying and series spring to help with the high frequency response is the most
appropriate arrangement. The stiffness of the series spring depends upon the actuator technology: a
relatively high value can be used for technologies such as hydraulics that have good high frequency
performance, and softer value for the other technologies which means that achieving a high
bandwidth is more problematic [16].
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Figure 2.4 Active secondary suspension actuator configurations [16].

Active suspensions allow possible actuation principles in order to guarantee stability and steering of
the vehicle. As Goodall et al. present in [23], with an actuator and a power supply, different
configuration can be achieved to enhance the performance of the train. However, the Actuated Solid
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Wheelset (ASW), Actuated Independently Rotating Wheels (AIRW), Directly Steered Wheels
(DSW) and Driven Independently Rotating Wheels (DIRW) concepts require the complete redesign
not only of the bogie but also of the entire vehicle. Instead with the Secondary Yaw Control (SYC)
mode, the active device can be placed directly on the passive yaw damper position, reducing the
redesign efforts.

A comparison between active and passive secondary yaw suspension is treated by Braghin, Bruni
and Resta [11]. From their analysis it is possible to conclude that with the proposed active device
based on an electro-mechanical actuator it is possible to significantly raise the critical speed of the
vehicle and to negotiate the curves at higher values of cant deficiency. Reference [11] compared also
the use of yaw actuation (actuators mounted in longitudinal direction) to the combined use of lateral
and yaw actuation (actuators in lateral direction). It is demonstrated that the latter has a much higher
potential for vehicle stabilization and may lead to use of small-scale actuators but has a negative
effect on passenger’s comfort.

2.2 Actuator types

Active suspension and, to some extent, semi-active ones, rely the use of actuators. Several actuator
types have been studied in the area of railway technology over the years. The following paragraph
gives an overview of the different types, the concept of how they work and their advantages and
disadvantages. The choice of the actuator is dependent on the trade-off between actuator performance
and cost considerations. Ideal actuator behavior is often not possible to realize, since it would not be
economically justified.

2.2.1 Electro-mechanical actuator

An electro-mechanical actuator is powered by an electrical motor (AC or DC), which is able to
operate a mechanism (e.g. a ball screw or a four-bar linkage). An example is shown in Figure 2.5: in
this case the rotational motion and torque of the screw is transformed into a translational motion, or
force, which acts on the body that the actuator is mounted on [11]. Electro-mechanical actuators are
in general less compact than other actuator types. In [19] it is stated that they can encounter problems
with reliability and life of mechanical components.

The development of electro-mechanical actuators has been in progress during at least three decades.
The performance of an electro-mechanical actuator in a rail vehicle was studied already in 1984 in
England by Pollard and Simons [24]. Furthermore, experimental research in the late 1990s in France
using electro-mechanical actuators has been described by Gautier, Quetin and Vincent [25]. The
electro-mechanical actuator was chosen due to its low noise levels and compact design. Regarding
the size of the actuators there is no full consensus in literature. In general, the choice of the size
depends on the particular application it is used for. Lately, an electro-mechanical actuator with a
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roller screw has been analysed by Kjellqvist, Sadarangani and Ostlund [26] making a suggestion on
how to manage the design conflict between actuator size, temperature and dynamic properties.

/‘Eleclrical motor

Figure 2.5 Principal function of an electro-mechanical actuator [26].

2.2.2 Electro-magnetic actuator

The electro-magnetic actuator consists of two pairs of electro-magnets mounted back to back
operating in attraction mode. The magnets produce a force in both directions between two masses
connected through the actuator, e.g. carbody and bogie.

The electro-magnetic actuator is often preferred because of its property of large frequency
bandwidth. It is considered to show good frequency response up to 50 Hz. Since it does not contain
any moving parts it is a robust and reliable device, described by Pollard [27]. However, it suffers
from a relatively high unit size and weight, and can be difficult to fit in narrow places between two
bodies of the vehicle. The effect of air gap variations between the magnets causes an unstable system,
which can be mitigated with proper force feedback, according to Goodall, Pearson and Pratt [28].

2.2.3 Hydraulic actuator

There exist several variations of hydraulic actuators used in active railway technology, sometimes
mentioned as servo-hydraulic and sometimes as electro-hydraulic. Accordingly, the use of these
actuators in the literature is mostly referred to as just hydraulic. The general concept of hydraulic
actuators is based on the idea that a control signal activates valves or a pump controlling the flow of
the hydraulic fluid into and out from the actuator. With these mechanisms, a pressure difference
appears between the two chambers of the actuator cylinder, which, in turn, gives rise to the actuator
force. Figure 2.6 shows the basic principle of an electro-hydraulic actuator with a hydraulic-filled
cylinder consisting of two chambers divided by a movable piston.

Generally, hydraulic actuators have a fast response time and they are able to maintain a demanded
loading capacity indefinitely without excessive heat generation. However, hydraulic systems are
highly non-linear and subject to parameter uncertainty, described by Niksefat and Sepehri [29].
Hydraulic actuators are compact and can easily be fitted in narrow spaces between carbody and bogie
frame. Their cost-effectiveness makes them favorable to be implemented in vehicles for full-scale
tests. An experimental analysis was performed by Shimamune and Tanifuji [30], who chose a
hydraulic actuator before a pneumatic actuator instead of its ability to control in a frequency range
up to about 10 Hz, compared to 2-3 Hz. The major disadvantage with hydraulic actuators is the risk
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of oil leakage. Furthermore, questions regarding maintainability and maintenance costs of hydraulic
actuators can be raised [28].

Figure 2.6 Principal function of an electro-hydraulic actuator [29].

2.2.4 Servo-pneumatic actuator

In an active servo-pneumatic system the air pressure is controlled, which gives rise to desired
suspension characteristics. In vertical direction the air pressure in an already existing air spring
system with fixed reservoir volume can be actively controlled by a reservoir with variable volume,
as described by Pollard and Simons [24]. In lateral direction the pneumatic actuator can be of the
same principle as a hydraulic actuator, but instead varying the air pressure by controlling the air flow
into and out from the actuator cylinder.

The advantage with servo-pneumatic actuators is that they can be linked to already existing
pneumatic systems of the vehicle (e.g. to air springs and the braking system). Components of the
actuator are relatively cheap and there is no liquid that can leak. However, due to large air
compressibility the controllable frequency bandwidth is restricted to 2-3 Hz, and the energy
efficiency of the actuator is limited.

In an investigation performed in the mid-1990s by Sasaki, Kamoshita and Enomoto [31] servo-
pneumatic actuators were tested on a roller rig in order to reduce vibrations in vertical, lateral and
roll modes. Up to 50% reduction of these particular modes of vibration could be shown with the
active system. Another Japanese study was performed at approximately the same time by Hirata,
Koizumi and Takahashi [32], where an experimental rail vehicle was used. One of two passive lateral
hydraulic dampers was replaced by a pneumatic actuator. With active suspension the lateral, yaw
and roll motions caused by track irregularities could be reduced. However, these pneumatic actuators
were rather weak compared to, for example hydraulic actuators. Nevertheless, lateral accelerations
in the carbody could be reduced although vehicle speed was higher than in a passive suspension case.

11
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2.2.5 Rheological semi-active damper

There are two types of rheological semi-active dampers, namely electro- and magneto-rheological
(ER or MR). They are cylindrical dampers divided into two chambers by a movable piston. The
chambers are entirely filled with a low-viscosity fluid containing fine electric or magnetic particles.
The actuator is exposed to an electric or a magnetic field, by means of electrodes or electro-magnets,
respectively. The viscosity of the fluid is varied according to the strength of the field applied to the
actuator. Hence, the damping characteristics of the actuator are varied. The stronger the field, the
larger the actuator force. The increase in viscosity can be as much as ten times higher with the MR
fluid, according to Yao, Yap, Chen, Li and Yeo [33]. In Figure 2.7 a schematic picture of the electro-
rheological concept is shown.

The ER and MR actuators are relatively cheap to manufacture and have low energy consumption.
The response to the electric or magnetic field is fast, which enables a wide control bandwidth. The
MR actuator has been analyzed in an experimental test rig by means of semi-active control in [33].
It was concluded that the MR actuator could generate damping forces in a very broad range under
the influence of a magnetic field.
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Figure 2.7 Principal function of an electro-rheological actuator [33].

2.3 Control strategies

In order to enable steering, guarantee stability and control of the actuators in a favorable way an
appropriate control algorithm is needed. Several control strategies have been studied and
implemented in the area of active technology within rail vehicles.

2.3.1 PID control

Classical loop-shaping with a proportional-integral-derivative controller (PID controller) is widely
used in industrial control systems. The PID controller creates an input signal u to the system process
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by attempting to correct the error e between a demanded reference signal r and the actual output
signal y (Figure 2.8):

e(t) =r() —y(©) @.1)

The PID controller is described as

t

d
u(t) = Kpe(t) + K,fo e(s)ds + Kp ae(t) 22)

where Kp, K; and K}, are controller coefficients for the proportional, integral and derivative parts,
respectively. Appropriate design of the coefficients makes it possible to achieve a control system
with desired performance characteristics. The PID algorithm is relatively simple and offers a robust
performance. The largest challenge is to find the appropriate design of the control parameters [34].
Increased Kp, i.e. tuning of the proportional part, enables a faster controller, whereas an increased
integral part, K;, eliminates steady-state errors in the output signal. However, both Kp and K;
decrease the margins of stability, so by increasing the derivative part, K, possible instability can be
suppressed.
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Figure 2.8 Block diagram for a PID controller.

2.3.2 Sky-hook damping

One of the most implemented control algorithms in the area of semi-active and active technology in
trains is the so-called sky-hook damping. The name is based on the idea that the system is damped
relative to a fictive sky reference point, instead of the ground (Figure 2.9).
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Figure 2.9 Difference between conventional suspension model and sky-hook damping suspension model [16].
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The effective principle of absolute damping is depicted in Figure 2.10(a), where a damper is
connected from the mass to the sky, hence the term ‘sky-hook’ damping. For practical
implementations, the principle of the sky-hook damping can be realized by the arrangement shown
in Figure 2.10(b). The feedback measurement is provided from a sensor mounted above the
suspension on the body and the control demand is fed to the actuator which is placed between the
vehicle body and the bogie. A comparison between the passive and the sky-hook damping of a simple
(one-mass) system illustrates the potential advantages of the active concept very well. For a passive
damper, a higher level of modal damping can only be achieved at the expense of increased suspension
transmissibility at high frequencies, as shown in Figure 2.11. For the sky-hook damper, however, the
high frequency responses are independent of the damping ratio, and the transmissibility is
significantly lower than that of the passive damping at all frequencies concerned [16].
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Figure 2.10 Sky-hook damping [16].
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The strategy of sky-hook damping was first introduced by Karnopp in the late 1970s and a
comprehensive description was published in 1983 [35]. Thereafter, sky-hook damping has been
thoroughly investigated and analyzed by various researchers throughout the years. Stribersky,
Kienberger, Wagner and Miiller [36] have shown by means of simulations that sky-hook damping
significantly reduces resonance peaks and the root mean square of the acceleration, thus improving
ride comfort, both vertically and laterally. Generally, sky-hook damping offers a great benefit on the
ride quality in case of straight track, but at the same time it can be affected by some problems in
curve or in correspondence of gradient variations of the track. A practical implementation of the sky-
hook damping methodology is shown in the scheme in Figure 2.12. The absolute velocity signal that
is required for sky-hook damping will usually be produced by integrating the signal from an
accelerometer, and so, in practice, it will also be necessary to filter out the low frequency components
in order to avoid problems with thermal drift in the accelerometer.

Actuator
force

Accelerometer——— > Integrator »High-passfilter ——» Csky —

Figure 2.12 Practical implementation of sky-hook damping.

2.3.3 Maximum power point tracking control (MPPT)

The MPPT control logic was in origin developed to adjust the controller variables with the aim of
maximizing the power generated in a production plant [37] but can also be applied to a mechanical
system: the physical quantities that have to be optimized are included in the cost function J that is
minimized by the algorithm. For a vehicle suspension, the cost function can be defined as a weighted
sum of the root mean square values of signals representing the performances of the suspension and
in some cases the intensity of the control force. An example of this control strategy was used by
Chiarabaglio for semi-active secondary suspension in [38]. This control algorithm is very useful
since it solves only one linear equation and so it does not consume much computational power.
Moreover, it is easy to implement and can be used in analog or digital circuits.

2.3.4 Fuzzy control

The Fuzzy control algorithm is characterized by the presence of a look-up table obtained from
experiments performed on the system. The look-up table links the computed errors with the control
action, as shown in Figure 2.13. The feedback variables depend on the data set of experiments
available. Moreover, this control logic can deal with nonlinear systems without introducing nonlinear
control methods. The Fuzzy algorithm is a sort of ‘discrete’ controller since the damping
characteristics are not continuously adjustable due to the discretization performed by the look-up
table. Examples of Fuzzy control for vehicle suspensions are reported in [39-41].
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Figure 2.13 Fuzzy controller block diagram [16].

2.3.5 Low bandwidth control

Active secondary suspensions can also be used to provide a low bandwidth control, which is similar
to tilting controls in that the action is intended to respond principally to the low frequency
deterministic track inputs. In low bandwidth systems, there will be passive elements which dictate
the fundamental dynamic response, and the function of the active element is associated with some
low frequency activity. A particular use of the concept is for maintaining the average position of the
suspension in the center of its working space, thereby minimizing contact with the mechanical limits
of travel, and enabling the possibility of a softer spring to be used [42]. This is a powerful technique
for the lateral suspensions because curving forces are large, and without centering action there may
sometimes be significant reductions in ride quality whilst curving.

2.3.6 Modal control approach

For a conventional railway vehicle with two secondary suspensions between the body frame and the
two bogies, it is possible to use local control for each suspension, i.e., the measurement from the
sensors mounted above either of the bogies is fed to the controller which controls the actuator on the
same bogie. However, the tuning of control parameters may be problematic, as interactions between
the two controllers via the vehicle body will be inevitable. To overcome this difficulty, a centralized
controller for both suspensions may be used to enable independent control of the body modes. Figure
2.14 shows how the lateral and yaw modes of a vehicle body can be separately controlled by using
active suspensions in the lateral direction, and a similar scheme can be applied to actuators in the
vertical direction to control the bounce and pitch modes. The output measurements from the two
bogies are decomposed to give feedback signals required by the lateral and yaw controllers,
respectively, and the output signals from the two controllers are then recombined to control two
actuators at the two bogies accordingly. In this ways, it is possible to apply different levels of control,
in particular to reduce the suspension frequency and add more damping to the yaw (or pitch) mode,
which is less susceptible to the low frequency deterministic inputs [16].
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Figure 2.14 Modal control diagram [16].

2.3.7 H_ control

H, control is a control methodology acting on the full state of the system. It is concerned with finding
a controller K- for the open-loop system Gy, such that the closed-loop system G.. has good
performance, stability and robustness. Figure 2.15 illustrates a typical configuration of a general
control system. The closed-loop system G, is a transfer matrix from the external disturbance signal
w to the error signal z. Moreover, the measurement signal y is used in K to calculate the control
signal u. In order to achieve secured stability and robustness of the system the signal z should be
minimized.

“H, control theory” has been developed by Doyle et al.[43], Kimura et al. [44] and many other
theorists and there have been some applications of H,, control theory to the control design of an
automotive active suspension. Moran and Nagai [45] designed an H,, robust control system based
on a half-car model, in order to achieve a reduction of the body acceleration and the steering stability,
simultaneously. Yamashita et al. [46] designed an H,, control system based on a quarter-car model,
for the purpose of attenuating the body acceleration in the range of human acceleration sensitivity.
Hirata et. al. [32] applied H,, control theory to the control design of a railroad vehicle active
suspension in order to reducing the resonance of each vibration appearing in a carbody.
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Figure 2.15 Typical configuration of a general control system.

2.3.8 LQ/LQG control

Another control theory that is concerned with state feedback is the so-called “Linear Quadratic” (LQ)
control or extended to “Linear Quadratic Gaussian” (LQG) control. A dynamic system that is
described through linear differential equations and a quadratic cost function that should be minimized
is called an LQ problem. If normally distributed (Gaussian) disturbances are considered the control
theory is extended to LQG, as described by Glad and Ljung [47].

A linear system can be described on state-space form,

{)'c(t) = Ax(t) + Bu(t) + Nv,
y() = Cx(t) + v, 2.3)

where x is the system state vector, u is the control signal, y is the output signal and v4 and v, are
white noise intensity signals. A is the system matrix, B the input matrix, N the disturbance input
matrix and C the output matrix. The quadratic cost function J that should be minimized is described
as the sum of the quadratic norm of the control error e and the control signal u, respectively,

= min(llely, + ul,) = min [ ¢"(©0:e(0) + w7 (OQu(e)de o

where @, and Q, are weighting functions.

A study that has assessed the LQG control law was performed by Pratt and Goodall [48]. Its aim was
to compare traditional active secondary suspension between each bogie and the carbody with the
alternative approach of active suspension between carbodies, so-called inter-vehicle suspension. The
conclusion was drawn that active inter-vehicle suspension could achieve reduction of motions in
either bounce or pitch direction, but not at the same time. Thus, it is a matter of trade-off and it
depends on how the weighting of the cost function of the LQG theory is designed.

Another study by Pratt and Goodall [49] deals with the same subject of active intervehicle damping
by means of LQG control law. The trade-off between ride quality and suspension deflection is
dependent on the weighting of the cost function of the LQG controller. Simulations with an active
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three-car inter-vehicle model were performed and the results showed that ride comfort in the center
carbody could be considerably improved compared to a corresponding passive inter-vehicle model.
On the other hand, ride comfort in the two outer carbodies was deteriorated. Conclusions drawn from
the simulations were that active inter-vehicle damping does not show significant improvement in ride
comfort compared to passive inter-vehicle damping, but however, offers further development
possibilities.

Tibaldi and Zattoni [50] have performed a study investigating LQ and LQG control law applied to
active suspension design. A quarter-car vehicle model was used where a nonlinear hydraulic actuator
was linearized in order to design the LQ and LQG controllers. Despite the fact that the LQG control
law uses Kalman filtering to estimate immeasurable states it does not cause significant performance
loss compared to the LQ controller.

2.4 Example of active secondary suspension

To conclude this chapter, some examples of active secondary suspension are presented: mainly this
new technique is used for active lateral secondary suspension, while a real application of active yaw
damper for secondary suspension is not used nowadays

The first full-scale demonstration of an active railway suspension was an active lateral secondary
suspension using hydraulic actuators [51]. An actuator was fitted in parallel with the lateral secondary
air suspension at each end of the vehicle, as can be seen in the left-hand side of Figure 2.16. The
performance obtained from a comprehensive series of tests is shown on the right, from which it can
be seen that a large improvement in ride quality was obtained: a 50% reduction compared to the
passive suspension. The controller used a modal structure, shown in Figure 2.17, that provided
independent control of the vehicle’s lateral and yaw suspension modes using the complementary
filter technique.

E 0.8 /Passivezﬁ%g
© 06} Active 1.3% g
S 04t

o

= U.F_;—’ \ o
S0 N e

0 10 2.0 30 40 50 6.0
Frequency (Hz)

(b)

Figure 2.16 Servo-hydraulic actuator (a) and experimental results for active lateral suspension (b) [16].

19



Chapter 2

10T00 0IMO 000 OO0 O 60 Omen

End 1 + i| Low Pass
®+ 1 | Filter (lateral)

Comp'n + —, Force 1
Stage §©

m
3

o
[y]

0000 0000 03 00 00 0o €0 ooz

High Pass |
Filter (lateral)

Suspension
Pots

M
A

E End 1 ﬂ + 00LO000NO 00003 00 00000 0X00 o B
'E &F : Low Pass B ! R
S " Filter (Yaw) |3 + . )
S End? g Comp'n N orce
§ 4 : Stage "—@
< IJ;II_F High Pass :

Filter (Yaw) |

a
1
a
1
a
1
1
a
El
1
i
1
a
a
1
i
1
o
010000100 00X 0 O0T00 00 E0 Ooo
1
1
i
a
El
T
i
a
1
1
1
a
1
]
1
a
1
1
a
o

Figure 2.17 Controller for servo-hydraulic active lateral suspension [16].

The first commercial use of an active suspension was developed by Sumitomo for the East Japan
Railway Company on their series E2-1000 and E3 Shinkansen vehicles, introduced in 2002 [52]. The
main object of the control was the lateral vibration, i.e., closely related with ride comfort, the aim
being to reduce by more than half the lateral vibration in the frequency range from 1 to 3 Hz. A
pneumatic actuator system was adopted which has the advantage of easy maintenance and low cost,
and it is installed in parallel to a secondary suspension damper (Figure 2.18). The damper is
electronically-switched from a soft setting when active control is enabled, to the normal harder
setting for passive operation. An H, controller was designed to provide robust vibration control
using measurements from body-mounted accelerometers. It provides independent control of the yaw
and lateral/roll modes, with the yaw controller driving the two actuators in opposition, and the
lateral/roll controller driving them in the same direction. Figure 2.19 is a diagram of the overall
control scheme.

Figure 2.18 Actuator installation in bogie [16].
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Figure 2.19 Overall scheme of control algorithm [16].

As mentioned above, there are no real application of active yaw damping in order to improve the
dynamic behavior of high-speed railway vehicles. The concept of active secondary suspension is
more related to the comfort of the passengers but usually is preferable semi-active secondary
suspension than full-active. Probably there is only one example of active yaw damper actually
applied and paradoxically it is not an example of high-speed train. There is a particular type hydraulic
yaw actuator named ADD (German acronym of active yaw damper) from an Austrian company. It
is basically a passive hydraulic yaw damper with a three-way valve with an internal displacement
sensor. This actuator detects the internal displacement when the relative rotation between the bogie
frame and the carbody is greater than a threshold value that establishes if the train is negotiating a
sharp curve and combining this information with the running direction it is also possible to establish
the direction of the curve. This information changes the position of the three-way valve and it is
applied a force (with a fix value) that steering the bogie in the direction of the curve to help the
negotiation of the curve itself. So, this is a passive component completed by an on/off active control.
The main purpose of this application is not to increase the critical speed of the railway vehicle (it is
sufficient the passive suspension) but is to improve the curve negotiation, especially in case of sharp
curve that is an issue of low speed railway vehicle.

Finally, at the Mechanical Engineering Department of Politecnico di Milano the applicability and
effectiveness of an active yaw damper has been investigated by means of in-line tests and numerical
simulations. In this case, the proposed active device is based on an electro mechanical actuator and
the results obtained show the possibility to significantly rise the critical speed of the vehicle as
reported in [11].
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Chapter 3 Semi-active and full-active hydraulic
yaw dampers

This chapter provides an outline of the basic characteristics and the modelling of the actuating system
that can be used for the yaw damper. The need to model actuating systems comes from the fact that
this is an integral part of the system which, on account of its dynamics, modifies the response of the
system itself. The actuating system achieves the necessary force (or torque) by means of a pressurized
fluid.

Among the various type of actuators presented in Chapter 2, it has been chosen to use a hydraulic
actuator for this particular application. Essentially, the reasons of this choice are due to the fact that
the hydraulic solution allows to work in a frequency range suitable for the considered application
and at the same time it allows a fail-safe design, so that also in case of failure it can guarantee a
minimum operating condition in order to avoid safety problems. In fact, for example, the pneumatic
actuator cannot work at the considered frequency range and on the contrary, the electromechanical
one can work at the same range, but it can create very dangerous safety issues in case of failure.

The hydraulic actuators are fluid actuators in which the force (or torque) is obtained by using the
pressure energy of an oil fluid which is converted into mechanical energy. A complete set of
hydraulic actuator consists of five main components namely electro hydraulic powered spool valve,
piston cylinder, hydraulic pump, reservoir and piping system as shown in Figure 3.1. Power supply
is needed to drive the hydraulic pump through AC motor and to control the spool valve position. The
spool valve position will control the fluid to come-in or come-out to the piston-cylinder which
determines the amount of force produced by the hydraulic actuator [53].

Fluid  |g
Feservair
Porveer Supply -
AC WMotor = Hydraulic Fluid Feturn
Pump
Povwer Supply | :
¥ h A |
Spool Wahee - 1
Amplifier L T h'(;puol'\.l’awe Piston | Lozd !
— T
Cormpensstion
Circuitry

Figure 3.1 Diagram of a complete set of hydraulic actuators

The hydraulic cylinders essentially consist of a piston that is free to move within a closed guide
(cylinder). Fluid under pressure, which uses a piston to exert the necessary force, is introduced into
the cylinder. Depending on whether there are one or two chambers between the cylinder and the
piston, this force can be exercised in either only one or both directions. In this work, it is assumed to
have a double effect cylinder and its schematization is represented in Figure 3.2.
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Figure 3.2 Double effect cylinder with through rod.
3.1 Concept of semi-active and full-active yaw damper

In order to size the hydraulic cylinder, it is important to know the force that the hydraulic cylinder
has to produce, and the maximum pressure drop that can be achieved between the two chambers.
Maximum pressure difference between the two chambers is assumed to be about 100 bar, while for
the force that the hydraulic cylinder has to exert a value of 25 kN is estimated, that is the maximum
value of the lateral forces obtained from preliminary multibody simulations of rail vehicle dynamics
at high speed.

With these values of pressure and force, using the simple relation that defines the pressure, it is
possible to find the effective area of the piston, that as shown in Figure 3.2 is represented by an
annulus:

A, =

F
»=p

3.1)

Finally, with these three values it is possible to choose from an actuator catalog appropriate
dimensions of the piston rod like, for instance, diameter and area.

To obtain the value of the length of the chamber it is worth considering that despite this work
considers a high-speed train, bogies have to be able to travel in a very sharp curve, like for example
the curve to enter and exit deposit. By multiplying the value of the angle of rotation of the bogie (that
depends on the semi-distance between the center of the two bogie of the same wagon) for the distance
at which the yaw damper is applied with respect to the center of the bogie itself the value of the
piston stroke that is directly connected with the value of the chamber’s length is approximately
obtained. Knowing the length of the chamber and the area, it is straightforward to calculate the
volume of the actuator chamber. The main data of the hydraulic cylinder are shown in Table 3-1

Name Value Unit of measurement
Delta pressure 105 bar
Rating force 25 kN
Piston area 25.16 cem’
Rod diameter 69.9 mm
Rod area 38.37 cm’
Total area 63.53 cm’
Cylinder diameter 89.94 mm
Chamber length 400 mm
Chamber volume 1 /

Table 3-1 Data of the hydraulic cylinder.
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However, it is necessary to consider that the calculations done for the chamber length and the
chamber volume have to be confirmed not only from a purely mechanical point of view but also from
the point of view of the dynamics of the actuator by using the solution of the fluid motion field, that
is shown in the following paragraphs.

It is worth to notice that despite the full-active and semi-active approaches have a significant
difference, the main parameters of the hydraulic cylinder will be used both for the semi-active and
full-active solution, and so the dimensioning of the hydraulic part is the same for the two models.
The difference between the two different solutions are due to the fact that the full-active approach
includes a fully-controllable force actuator that includes a power supply, whereas the semi-active
concept utilizes a suspension component with a controllable characteristic. The energy flow of a
semi-active suspension is controlled but not augmented, and furthermore the energy flow’s direction
is limited to one direction. More precisely, it is only possible to dissipate energy but not inject it
(although with an accumulator it is possible to partly utilize the energy stored [54]), and this behavior
results in a fundamentally nonlinear concept which offers less improvement compared with full-
active. In principle any passive component whose characteristics can be changed electrically would
comprise a semi-active device, but in practice a semi-active actuator is usually a conventional damper
with the ability of variable damping by electro hydraulic or electro-rheological fluid devices. On the
other side, full-active actuators mostly use electro-hydraulic, pneumatic or electro-mechanical
technology [54].

In the following paragraphs semi-active and full-active models used in the study are presented and
explained, underlining the different control strategies that will be used, in order to compare their
relative performance using a consistent set of criteria.

3.2 Control strategies

The different control strategies both for the semi-active and the full-active device are now presented
and explained. The control logics designed and implemented are non-model based controller. It does
not require a complete model of the system since it is based on the direct measurement of the
feedback variables. Another interesting feature of this kind of control logic is the low computational
cost, that make it appealing for an industrial application.

3.2.1 Control strategies for semi-active

The first objective of the control logic is to decrease the lateral acceleration of the bogie and wheelset,
measured according to European Standard EN 14363 [15]. Decreasing the lateral acceleration means
not only improving the stability of the vehicle, but also increasing the critical speed of the vehicle,
since it is strictly related with the lateral acceleration of the wheelset. The second purpose of the
control logic is to limit the force exerted by the damper, to extend the life of the damping device and
reduce transmission of vibrations to the carbody. Less stresses reduce the wear of the cylinder
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components, lowering also the maintenance costs. For the semi-active device, the following two
different control strategies are implemented and used both in numerical simulation (Chapter 4) and
in experimental tests (Chapter 5). It is important to consider that the two control strategies work in a
quite different way. As a matter of fact, the MPPT control strategy is a relatively slow control logic
since it changes the opening of the by-pass valve at discrete time intervals in the order of one second.
On the contrary, the sky-hook control logic works with a continuous change of the opening valve
using a very short time interval, shorter than the period of hunting oscillation, i.e. in the order of
hundreds of milliseconds.

3.2.1.1 MPPT

As mentioned in Chapter 2, the Maximum Power Point Tracking (MPPT) control logic was
developed in origin to adjust the controller variables with the aim of maximizing the power generated
in a production plant. This control technique is here modified in order to reduce and control the
hunting motion of a railway bogie.

The physical quantities that have to be decreased are included in the cost function J that is minimized
by the algorithm. The expression of the cost function is:

. 2 2
I=k <RMS§xb0gie)> o ( RMS(F) >

g max(RMS(F))

% (32)

lim
where RMS (5c'b0 g ie) is the root mean square of the lateral bogie acceleration computed following the
normative EN14363 and RMS(F) is the root mean square of the damper force. These two terms are
weighted respectively by the lateral acceleration limit according to normative EN 14363 and by the
maximum value of the root mean square of the damper force. The gain kj; and k give different
weights to the two terms of the cost function J.

The algorithm that compute the reference voltage minimizing the cost function is:

if g <Joua

2 Jola (33)

V = Vo + sign(,Joia)k;
V=0

] max

{ J — Jota

in which k; is the cost function gain, J;,4x is the maximum between J and J,;4 and the function
sign(J,J,1a4) is computed in the following way:

{ sign(J,Joia) = signeiaU, Joia) i {; <Jota
sign(J, Joia) = —signeia s Joia) = Jota (34

Moreover, an additional condition for the calculation of the input voltage is used and it is defined as:

V=Vyq—4V if RMS(jc'bogie) > Xthreshold (3.5)

in which AV is the maximum value of the voltage variation and X¢pesno1q 1S the threshold value for
the lateral acceleration above which the system can be assumed unstable.
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This control strategy works on considering records of the data acquired from the bogie frame and
from the yaw damper and considers the value of the cost function J at a certain time instant and
previous one and compares them each other. If the new value of the cost function J is lower than the
old value, then the control continuous in the same direction as in the previous step. If otherwise the
new value of the cost function is increased with respect to the previous one, then it changes the
direction. Substantially, it is like empirically trying to find the way to minimize this function. It is
worth to mention that this is in general a slowly behaving control strategy. No fast changes in the
opening of the valve appears, the considered time steps are in the order of one second so every one
second the new value for the opening of the valve is defined by the controller. In Figure 3.3 is shown
the internal architecture of the MPPT control logic.

Moreover, it is possible consider two different types of control logic depending on the definition of
the cost function J. The first way of defining the cost function J is just based on performances: the
lateral acceleration of the bogie frame which is a measure of the degree of instability of the bogie
itself is measured and the goal is to minimize the RMS of the filtered acceleration signal. In the
second option the RMS of the force generated by the damper is also considered: in this case the aim
of the control strategy is to minimize the hunting motion and at the same time reducing the force
applied by the yaw damper.
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Figure 3.3 Internal architecture of the MPPT control logic.

3.2.1.2 Sky-hook

The other control strategy for the semi-active solution is sky-hook control, that is a widely used
control strategy for controlling vibrations in mechanical systems. The idea is based on changing with
time the damping coefficient for the semi-active yaw damper. This technique is used to emulate the
presence of a viscous damper which instead of being attached to a moving body like the carbody, it
is attached to a rigid frame (a sort of ground) that is following the motion of the bogie.

Semi-active dampers may be of the on-off type or of the continuously variable type. A damper of the
first type is switched between “on” and “off” damping states in accordance with a suitable control
algorithm. In its “on” state, the damping coefficient is relatively high, and in its “off” state, it is
relatively low. Ideally the off-state damping should be zero, but in practical situations this is not
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possible. A continuously variable semi-active damper is also switched between “on” and “oftf” states.
However, in its “on” state, the damping coefficient and corresponding damping force are varied. This
concept is well illustrated in Figure 3.4, which shows the force-velocity characteristics for an on-off
and a continuously variable damper. The shaded part of the graph on the right side represents the
range of achievable damping coefficients for a continuously variable damper.
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Figure 3.4 Semi-active damper concepts with on-off damper and continuously variable damper solutions.

In case of a system with a sky-hook damper, the damping force can be written as:
Fsky = Cskyjc (3.6)

where Fgy,, is the sky-hook damping force, X is the velocity response of the bogie and cgyy, is the
damping coefficient of the sky-hook damper. The intention is to replicate such a sky-hook damping
force with a semi-active yaw damper mounted conventionally between a “ground” and the bogie
frame (Figure 3.5). However, since the passive damper can only absorb vibration energy, the product
of the semi-active damping force Fy, and the relative velocity, X — X, across the damper must
satisfy the inequality

Fyp(x — %) = 0 o

The desired force is cgyy, X, but the semi-active yaw damper can only generate this force when x and

X — %o have the same sign. When x and x — x, are opposite sign, the semi-active damper can only
provide a force opposite to the desired force. In this situation, it is better to supply no force at all.
The continuous semi-active sky-hook control algorithm is thus given by:

Cskyx' X(x - XO) =0

F, =
o {0, x(x — %) <0 (3.8)

The switching of the device is controlled by the term x(x — X;), which is called the condition
function. When the damper is on, the damper force can be written as:

Fyp = cyp(X — X) (3.9)

where cyp is the semi-active damping coefficient of the yaw damper. The value of cyp must take to
emulate a sky-hook damper may be found from equations (3.8) and (3.9):
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Cskyx
cyp =9 (x — J‘Co)’
0, x(x—x9) <0

(k= %) =0
(3.10)

It is possible to see from (3.10) that when the relative velocity is very small, the required damping
coefficient increases enormously and tends to infinity. However, in practice the semi-active yaw
damper coefficient is limited by the physical parameters of the conventional damper, which means
that there is both an upper bound, ¢;,,y, and a lower bound, ¢;;;;;,- The damping coefficient in
equation (3.10) can thus be rewritten as

. Cskyx . .
max | Cpin, min m,cmax , X(Xx—%9) =0

Crmins x(x—%9) <0

Cp = 3.11)

Cic Coky

Car bady E‘:;H—:%
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Figure 3.5 Sky-hook control strategy.

The control algorithm in equation (3.11) requires the damper coefficient to be continuously variable.
To simplify the operation an on-off solution is proposed. The on-off yaw damper acts as a
conventional passive yaw damper during the vibration attenuation portion of the vibration attenuation
cycle, but a zero damping coefficient is assumed when the damping force generated by the semi-
active yaw damper is in the opposite direction to the ideal sky-hook damping force. For on-off
control, the damping force is governed by the control algorithm

0, x(x —x5) <0 (3.12)

where ¢, is the on-state damping constant of the on-off damper. In practice, a zero damping
coefficient is impossible when the damper is switched off. Therefore, the damping coefficient is
switched between a high value and a low value, and the control algorithm in equation (3.12) can be
rewritten as

Cmaxr X(X—%p) =0

3.13
Coims 0 — %o) < 0 G139

CYD={
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where ¢4, and ¢y, are the maximum and minimum coefficient of the on-off damper, respectively.
The on-state damping ¢, should be much greater than the off-state damping c¢;;,;,,, which should
be as small as possible.

Both continuous sky-hook control and on-off sky-hook control algorithms attempt to produce the
effect of sky-hook damping from a conventionally mounted damper.

As mentioned in paragraph 3.2.1, the sky-hook control strategy is a fast-acting control: the external
valve is frequently closing and opening in a very short time interval.

3.2.2 Control strategy for full-active

The full-active control strategy aims at improving the performances of the railway vehicle at high
speed. The following active control strategy is here implemented and used during the numerical
multi-body simulation in the next chapter.

The maximum speed of the vehicle in tangent track is limited by the occurrence of hunting instability,
which is a self-excited combined lateral and yaw oscillation of the bogie caused by the action of the
wheel-rail contact forces typically occurring at high speeds. One possible way to suppress hunting
instability is to use a damping force between the bogie and the carbody. In a passive vehicle this task
is performed by oil dampers. However, in many cases, these devices prove to be rather inefficient,
because of their internal flexibility [55], and therefore do not allow to raise sufficiently the vehicle’s
critical speed.

This simple control logic (Figure 3.6) is based on the definition of a reference force F..f that is
determined to achieve an ideal viscous damper and thus increasing the vehicle stability threshold.
Fref 1s proportional to the carbody-bogie relative speed as shown in (3.14):

Fref = CyVrel (3.14)

where c,, is the viscous damping gain [11].

Yaw damper force
ﬂ Command
R i‘?gﬁ $§i Piston velocity
control logic L
Reference force T z Yaw damper force L
External controller Ristonvelocity $
‘Yaw damper model
Train model

Pure viscous
damper model

Figure 3.6 Ideal damper force (IDF) control scheme.

The external controller works as a simple proportional control between the yaw damper force and
the ideal reference damper force. The input voltage command u used to regulate the characteristic of
the yaw damper is given by:
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u= kp(pr - Fref) (3.15)

in which the proportional gain k,, is chosen by trial and error procedure in order to obtain that the
yaw damper force follows in the best way the ideal reference damper force.

3.3 Model of the semi-active damper

In the following paragraph the Ferdek and Luczko model [56] is presented. First of all, the complete
model is described and then the simplified reduced model is considered and analyzed, showing the
main characteristics.

3.3.1 Full-order model

The damper that is taken into consideration for the semi-active model is a twin-tube damper and it is
shown in Figure 3.7. The system consists of two cylinders: external one (compensatory chamber) (/)
and the internal (working) one (2). Inside the working cylinder, a piston (3) is located attached to the
rod (4). The piston rod is equipped with the rod guide (6) that limits its movement in relation to the
cylinders, to the longitudinal direction only. In the lower part of the internal cylinder, a valve (9) is
located. Four main chambers can be distinguished: chamber above the piston “External Chamber”
(4), chamber below the piston “Compression Chamber” (B) and the compensatory tank “Reservoir
Chamber”, which consists of two parts: chamber (C) located above the oil level and chamber (D)
located below it. Chamber (D) is filled with nitrogen under low pressure [56].
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Figure 3.7. Model of the hydraulic yaw damper [56].
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When the piston rod is pressed (and moves towards the bottom valve), the pressure in chamber B
increases and the resistance force arises, which in turn causes the oil to flow through appropriate
canals into the chamber 4. The excess oil, passes through the bottom valve to the reservoir chamber,
causing the pressure in chamber D to increase. In the rebound process, both piston and the rod move
in the opposite direction, causing an increase of pressure in chamber A. The oil flows through the
system of canals, back from the space above the piston, to the chamber below it. At the same time,
oil from the compensatory tank flows through the bottom valve, in order to equalize the pressure in
chamber B. The volume of the pumped fluid depends primarily on the piston displacement, while the
flow rate depends on the piston velocity relative to the cylinder. The resistance force of the damper
depends on the resultant force from pressure acting on the piston and from both dry and viscous
friction. The force F, exerted by the damper is given by:

k= (P4 — Po)A; — (P — Py)A; (3.16)
in which P4 and Pg are the pressure in chamber 4 and chamber B, P, is the gas pressure in the
auxiliary chamber, and A4, A, are the area of the piston. The two area are different since a rod is
attached on the top of the piston. With the purpose of computing the pressure in the three chambers
the basic relation

pV =m (3.17)

is taken into account and with the time differentiation and the inclusion of the equation

dp 1
kP (3.18)

the following relationship can be established for each i-th chamber:

Loy v, =
KVt (3.19)

in which dots denote the time derivatives, V is the chamber volume, m is the mass of oil, p is the oil
density and K is the oil compressibility modulus.

The changes in mass m,, mg and m, are described by using of the mass flow equations
My = Mgy — Myp
mg = Myg —m Mmeg — M
B AB BA + CB BC (320)
Me = Mpc — Mcp

where the subscripts of the flow rates are associated with the chamber names between which the flow
of oil occurs, proceeding from the chamber with the first subscript letter to the chamber with the last
one.

By introducing the Heaviside’s function, the previous flow rates can be substituted by the following
equations:
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2(Py — Pp)

Thyp = paPBAspH(Py — Pp) iy

2(Pg — Py)

B

gy = ppBAgaH(Pg — Py)

(3.21)
) 2(Pg — P¢)
e = ppPApcH(Pg — Pe)

ik

2(Pc — Pp)

mep = pcBAcgH(Pc — Pp)
Pc
In order to obtain a very accurate model the fluid inside the piston cannot be considered
uncompressible. Integrating the equation (3.18) an expression for variation of density according with
the pressure can be computed for each chamber:

— ex (PA - Patm)

Pa = Po€Xp N
_ Pp — Patm

Pp = Po€xp K (3.22)
— ex (PC - Patm)

Pc = Po€xp T

where p, is the density of oil under the influence of the atmospheric pressure Pygy,.

In equations (3.20) the terms A;; that represents the valve geometry, influence the mass flow rate.
This term is function of the valve geometry and of the pressure difference across the valve:

— const var
Aij = Ay T 4y (3.23)

where A§P™!

is the size of the cross-section area of the permanently open canals (including leakage)

and A’i’]f" is the area of the variable canals that is function of the difference on pressure across the

valve
AP =F =P (3.24)
and of a limit pressure Py that is the pressure at which the valves begin to open:
AYeT = A% (P, P, Py) (3.25)

In order to obtain the complete set of differential equations that describe the cylinder behavior the
equation (3.3) needs to be replaced by:

Vy=A4:(l-x) (3.26)
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VB = Az(l + X) (3.27)
in which / is possible stroke.
An assumption is made here that complete length of the internal cylinder equals to
L=2l+h (3.28)

where h is the width of the piston valve, and that the displacement of the piston is given by the
harmonic function

x = a - sin(wt) (3.29)

Knowing that the volume of the auxiliary chamber keeps constant, the relation

Ve +Vp = const (330)

and its differentiation

(3.31)

can be written.

Assuming that the gas volume Vj, in the outer chamber satisfies the polytrophic equation, the
following relation can be written:

PpVI = P,V = const (3.32)

in which n is the polytrophic coefficient.

Assuming that pressure Pp is equal to pressure P, the rate of change in the volume Vj can be
expressed as

_ PDVD
D=~ nP, (3.33)

and introducing equation (3.32) and (3.33):

1

BRANA
¢ 141 (3.34)

np, "

Resuming, the equation that describes the change of oil pressure in chamber A4 and B are:

By == (mA +A )

A=y \p, T (3.35)
b - K (th 2 )

B=y,\p, O (3.36)

while introducing equation (3.33) into relation (3.19) it is possible to get:
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142
_me KnP, "
= e 1 1 (3.37)
1+
P yenp 4 KV, P

Pc

This set of differential equation allows to compute the damping force of the hydraulic cylinder.

3.3.2 Simplified model

Although the complete model is very accurate in describing analytically the physical behavior of a
twin tube hydraulic cylinder, it is difficult to be implemented on a numerical model since it presents
high computational cost and some of its parameters are difficult to identify. Therefore, a
simplification of the Fardek and Luczko model is now taken into consideration.

The force F, exerted by the damper is written as:

where AP is the pressure difference between chamber 4 and chamber B and A.¢f is an equivalent

area that allows to obtain the same force value as in equation (3.16).

The oil density can be considered constant, as its variation with pressure can be neglected. This leads
to a simplification of equation (3.35) and (3.36) that become respectively:

. K
P, =—(Q4+A%) (3.39)
Va
. K _
Py =—(Qp — Ayx) (3.40)
Vg

in which Q4 and Qg are the volume flow rates relative to chambers 4 and B. In addition, the volumes
V, and Vj are considered constant because of the small stroke of the piston inside the inner cylinder:

(3.41)

With this last assumption and by subtracting and then integrating equation (3.39) and (3.40), the
damper force F, can be expressed as a single state equation. It is worth to notice that the pressure P

of the auxiliary chamber does not appear in the definition of the damper force since it can be
considered a constant value.

The volume flow rate between chamber 4 and chamber B can be expressed by the Bernoulli equation:

Q = CsVAPsign(4P) (3.42)

The dependence of the damper force with the deflection velocity is modelled as a non-linear function
of the piston velocity x,,, leading to the final equation:

AP = VE[—Cf\/Fsign(AP) + f(%,)] (3.43)
0
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The term f (a'cp) of equation (3.43) is designed as a cubic root function of the piston velocity x;, and
it is plotted in Figure 3.8.

<104 Model of the non-linear function f
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o
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Figure 3.8 Model of the non-linear function of the piston velocity.

3.3.3 Proportional valve model

In order to define the model of the semi-active damper, the passive damper model presented in
paragraph 3.3.2 must be extended introducing a model of the proportional valve. A connection pipe
links the compression and the rebound chamber allowing the oil to flow in a by-pass channel. The
controlled valve regulates the passage of oil in the by-pass channel, providing a tool to modify the

damper characteristics. Figure 3.9 shows the scheme of the semi-active device obtained through the
introduction of the by-pass channel.

Compressible
Silicone Fluid

Accumulator
Housing

N

T T R T T R rr

Piston Rod Cylinder

Seal Retainer Chamber 1

Chamber 2 Rod Make-up
Accumulator

High-strength

J Control Valve
Acetal Resin Seal Plston Head

with Orifices

Figure 3.9 Semi-active hydraulic cylinder scheme [57].
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From a modelling point of view the by-pass channel introduces an additional flow between rebound
chamber 4 and compression chamber B. The Bernoulli equation is able to describe this flow Q,

24P
Q, = cghyx, Tﬂgn(AP) (3.44)

where A, is the area of oil passage through the valve when it is completely open, x,, is the valve
spool position and ¢, represents the contraction coefficient.

across the valve as:

Matching together equation (3.43) and (3.44) it is possible to express the rate of change of delta
pressure AP between the two chambers as:

. K ,2AP , ,
AP = V_o —| Cr + calvxy e VAPsign(AP) +f(xp) (3.45)

With equation (3.45) the semi-active damper model is completely defined and it can be linked to the
Simpack vehicle to perform the co-simulation (section 4.4).

3.3.4 Characterization of the semi-active damper model

In this paragraph a simple characterization of the yaw damper model introduced previously is made
in order to understand its performances and to compare in a better way the results that will be obtained
both during numerical simulations (Chapter 4) and HIL tests (Chapter 5).

In order to characterize the damper, a sinusoidal input for the displacement of the piston is given as
input to the yaw damper model and the response of the damper in terms of force is analyzed for
different frequencies of the input signal. This simple operation is repeated for different amplitude
values of the displacement of the piston (1 mm and 3 mm) and for different values of the input
voltage, that means for different opening values of the external servo-valve (0%, 20% 50% and
100%). As it is possible to notice from Figure 3.10 to Figure 3.13, the force exerted by the yaw
damper is significantly influenced by the value of the opening valve since the maximum value can
varies from 12-20 kN at 0% opening to 0.5-1 kN at 100% opening. The frequency of the sinusoidal
input displacement of the piston considered in the following graphs is 4 Hz, that is more or less the
frequency of the oscillation at which the limit cycle due to the hunting motion appears.
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Figure 3.10 Hysteresis cycle, 0% opening of the external valve, + 1 mm amplitude of piston displacement (a), + 3 mm
amplitude of piston displacement (b).
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Figure 3.11 Hysteresis cycle, 20% opening of the external valve, + 1 mm amplitude of piston displacement (a), + 3 mm
amplitude of piston displacement (b).
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Figure 3.12 Hysteresis cycle, 50% opening of the external valve, + 1 mm amplitude of piston displacement (a), + 3 mm
amplitude of piston displacement (b).
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Hysteresis cycle - 100% opening, 1 mm Hysteresis cycle - 100% opening, 3 mm
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Figure 3.13 Hysteresis cycle, 100% opening of the external valve, + 1 mm amplitude of piston displacement (a), + 3 mm
amplitude of piston displacement (b).

Moreover, from the characterization tests it is possible to obtain the frequency response function
between the piston displacement and the exerted force of the yaw damper evaluated for different
values of opening valve as presented in Figure 3.14.
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Figure 3.14 Frequency response function between yaw damper force and piston displacement (1 mm of amplitude).

The modulus diagram shows that with the openings of the valve the damper force decreases: when
the valve is open the oil is no more forced to flow across the internal valve of the piston, but it can
pass in the by-pass channel, where it finds less resistance. Another important feature of the semi-
active damper model can be noticed from the phase diagram: opening the valve the phase rises up,
approaching 90° when the valve is completely open. Opening the valve means increasing the ratio
of the damping force to the elastic one. The rise up of the phase can be exploited by a control method
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that opens the valve in such a way to decrease the lateral acceleration of the bogies and wheelsets
and increasing the critical velocity of the railway vehicle. However, it can be noticed that opening
the valve the modulus of the force decreases, so a trade-off between increasing the damping
coefficient and decreasing the total force has to be found by the controller.

Finally, again from the frequency response function, the equivalent stiffness and damping coefficient
can be found. From Figure 3.15 it is possible to see how for the same value of the opening valve,
increasing the frequency of motion means decreasing the damping coefficient and increasing the

equivalent stiffness, so that at high frequency the hydraulic damper behaves more as a spring than as
a damper.
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Figure 3.15 Equivalent stiffness and equivalent damping coefficients (1 mm of amplitude).

3.4 Model of the full-active damper

In this section the mathematical model of the full-active damper used in this thesis is presented. The
model is based on the one developed by Ruderman [58].
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3.4.1 Full-order model

First of all, the full-order model of hydraulic cylinder controlled by a directional control valve (based
on [59]) is considered. The principal structure of hydraulic cylinder controlled by the directional
control valve is represented in Figure 3.16. The pressure difference between the two chambers
generates the hydraulic actuation force which moves the cylinder piston with a rod in direction of the
pressure gradient. The external mechanical loads, inertial force, and cylinder friction counteract the
induced pressure-gradient force, thus resulting in the motion dynamics of cylinder drive.

In standard conditions with constant supply pressure (due to a pump) the only control input available
comes from the directional valve, u. In the simplest case, u is the coil voltage applied through an
amplifier so as to energize the electro-magnetic circuits of the solenoid that compose the directional
control valve. On the contrary, the more advanced and common case, which will be also considered
from now on, is the case in which the control input u is directly proportional to the relative spool
position. This means that the latter is low-level controlled by an embedded directional control valve
electronics, which includes an internal coil current loop and external spool position loop. It is worth
to notice that the spool relative displacement v, is provided by a single electro-magnetic solenoid
that ensures a bidirectional spool actuation as shown in Figure 3.16.

Figure 3.16 Structure of hydraulic cylinder controlled by directional control valve [58].

The low-level controlled directional control valve has the closed-loop transfer function characteristic
of the second-order system described by

v(s) w3

G(s) = =
) = 00) = 57+ 22 wys + w2 (3.46)

The parameters of the directional control valve are the eigen-frequency w,, damping ratio ¢ and, in
the ideal case, unitary gain which ensures the steady state accuracy of the spool position control loop.
The Bode diagram of the G (s) transfer function is shown in Figure 3.17.

When the directional control valve assembly is equipped with a closed center spool, which is one of
the most used configurations aimed to reduce the valve leakage and sensitivity to small input signals,
the spool-controlled flow characteristics are inherently subject to a nonlinearity due to the presence
of a dead-zone in the relationship between the flow rate through the valve and the position of the
spool. It is a relative spool displacement below certain magnitude that does not lead to an orifice and
therefore hydraulic flow. In addition, the orifice, which is governed by the spool displacement, is
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subject to saturations due to the maximally possible opening given by the inner structure of the valve
body. Therefore, an internal flow-governing control variable z can be introduced as being related to
the controlled spool position through two static nonlinearities, dead zone and saturation, connected
in series [58].

Bode Diagram
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Figure 3.17 Bode diagram of the directional control valve closed loop transfer function.

The spool travel v has been assumed as an available external input, therefore without considering its
controlled behavior and associated internal dynamics.

Matching the directional control valve closed loop dynamics (3.46) with the total static nonlinearities
described before:

a - sign(v), iflvilza+p
hw) =10, if vl = B )
v —B-sign(v), otherwise

results in the mechanical sub-model of the directional control valve:

V + 28wyV + wiv = wiu (3.48)

z=h(v) (3.49)

where the output z is the orifice state which governs the valve flow. The parameters a and 8 denote
the saturation level and the dead-zone size correspondingly.

The volumetric flow of hydraulic medium associated with both outer ports of the directional control
valve, and thus with both chambers of the connected hydraulic cylinder, is governed by the
corresponding pressure differences and given by the orifice equations:
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zK\[Ps — Py, forz>0

Qa(2) = zK\[Py — Py, forz<0 (3.50)
0, otherwise
—zK/Pg — Py, forz>0
Qe(2) =4 —zK /P — P,, forz<0 (3.51)
0, otherwise

In which Psand Pr are the supply pressure and tank pressure respectively, while K is the valve flow

’2
K=Ci4w |—
d p (3.52)

denoted also as a valve gain, depends on the oil flow density p, discharge coefficient of the orifice
C4, and width of the rectangular orifice area w (area gradient).

coefficient

Using the continuity equations, it is possible to obtain the gradient of pressure in both chambers:

. E ]
Py = V_A(QA —Apx — C (Py — PB)) (3.53)

. E _
Pp = V—B(QB + Agx — C,(Pg — PA)) (3.54)

where A4 /p are the corresponding effective piston areas. Note that for this case (double-rod cylinder)
the two areas are equal. The oil bulk modulus E, is defined as
dP

E= _Vﬁ (3.55)

and takes into account the compressibility of the hydraulic medium in cylinder. A further
simplification assumption is made considering the bulk modulus as a constant parameter for the rated
operation pressure of hydraulic system.

The total volume in hydraulic circuits

Vi = V) + Agsaty, (x) (3.56)

Vg = V@ — Agsaty(x) (3.57)

depends each on the rod drive position, while Vf/B is the total chambers volume when the rod drive

is in the initial zero position (x = 0). It is worth noticing that the drive displacement is subject to
saturation, represented by satj, operator in (3.56) and (3.57), while h is the half of the stroke of the
hydraulic cylinder. C; is an internal leakage of cylinder which characterizes an additional pressure
drop due to penetration of the hydraulic medium between both chambers [58].
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Using the Pascal’s and the second Newton’s law it is possible to formulate the equation for one
translational degree-of-freedom of the mechanical sub-model of the cylinder:

where m is the mass of the cylinder piston with the rod and F; represents all the external
counteracting forces (in case of stand-alone hydraulic cylinder can be assumed to be zero). The
counteracting nonlinear friction f mainly depends on the relative velocity of the piston drive and acts
as an inherent damping of the relative motion. This steady state friction force can be described by
the Stribeck characteristic curve [60]:

F(x) = sign(x) (Fc + (F; — Fc)e—|x|6;(-5) +cx (3.59)

which takes into account the constant Coulomb and linear viscous friction, plus the velocity-
weakening effects in a low velocity range around zero. This model (3.58) is parameterized by the
Coulomb friction coefficient F, Stribeck friction coefficient F;, linear viscous friction coefficient c,
and two Stribeck shape factors y and d.

Solving numerically the nonlinear equations, it is possible to obtain the frequency response function
of the full-order model between the input command u and the output rod velocity x. The frequency
response functions have been obtained from the numerical simulation at different excitation
amplitudes |u| = {@, 0.3a}, and in a range of frequency between 1 and 320 Hz. It is worth
mentioning that the maximum frequency considering in this analysis is well beyond the frequency
range in which the full-active yaw damper is supposed to work, but this value of the maximum
frequency is chosen to analyze the effect of modelling the dynamics of the servo-valve. The Bode
diagram of the full-order model is shown in Figure 3.18.
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Figure 3.18 Frequency response function between the input command u and the output rod velocity x for the full-order
model.
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3.4.2 Reduced-order model

In this second case, it is assumed that the time-constants of hydraulic and mechanical sub-dynamics
are significantly larger than that of the directional control valve by two to three orders of magnitude.
Consequently, the input of the reduced model can be assumed as

w=v (3.60)

which directly contains both nonlinearities expressed in (3.47).

It is possible to conclude that the reduced model contains only static nonlinearities in the input
command, while thanks to the fast-directional control valve spool dynamics, the second order closed
loop behavior of the directional control valve itself (3.46) can be neglected.

Introducing the load-relative pressure

PL=Fa= P (3.61)
and assuming a close hydraulic circuit, i.e.
|Qal = Q5] (3.62)

the orifice equations (3.50), (3.51) presented in the full-order model can be grouped into one:

1
Q, = zK\/E (Ps — sign(2)Py) (3.63)

while it is valid:

_PS+PL _PS_PL
AT o Py = 2 (3.64)

It is worth to notice that Q;, in (3.63) represents an average flow through the directional control valve
and it imply further nonlinearities in the input command of the reduced model.

Using the same simplifying assumptions introduced in paragraph 3.3.2, the hydraulic continuity
equations presented in (3.53), (3.54) can be transformed into one related to the load pressure gradient

4E

P, = Vt(QL —Ax — CLPL) (3.65)

in which V, = V2 + VJ is the total hydraulic actuator volume and A = 0.5(44 + Ap) is the average
effective piston area.

Correspondingly, the dynamics of the mechanical part (3.58) in the reduced model becomes:
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with the cylinder drive velocity x as system output and the total friction force given always by (3.59).

Using the same consideration made for the full-order model, even in this case it is possible to obtain
a numerical frequency response function between the input command u and the output rod velocity
x (Figure 3.19). A comparison of the frequency response function of the full-order and reduced-order
model is provided later in this chapter, but it can be anticipated that the two results are very close
one to the other excepted at very high frequencies.

Bode Diagram

103
[0}
o
2 102
c
> RISt RS
= 401 H u=0.3*alpha
i u=alpha
BEEIIE
10° 102 103
Pulsation [rad/s]
0
>
o)
S, 45
)
% N Lot .
c 90 u=0.3*alpha
o
u=alpha
-135 |
10" 102 108

Pulsation [rad/s]

Figure 3.19 Frequency response function between the input command u and the output rod velocity x for the reduced
model.

3.4.3 Linearized reduced-order model

Before comparing the full-order model and the reduced model, it could be interesting to provide a
detailed analysis of the linearized reduced-order dynamics so as to discover the principal system
behavior with impact of linearization.

Assuming for this time zero leakage coefficient and neglecting the nonlinear part of the system
friction (this implies that the relative motion of the cylinder rod becomes solely damped by the
viscous friction with a linear damping coefficient ¢) the reduced-order model can be directly
linearized between the load flow and the rod velocity as:

i(s) i
Q.(s)  wr2s?+2fw:ls+1 (3.67)

G(s) =

with the cylinder eigenfrequency and the damping given by
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— 24 |-E

We = Vom (3.68)
o |V

$=11 |Em (3.69)

Despite the previous simplification, the linearized dynamics (3.67)-(3.69) offers a creditable
estimation of the second order system behavior. It is evident that the gain between the flow and the
cylinder velocity is inverse to the effective piston area, so that the cylinder with larger A can achieve
higher velocities. Also, the eigenfrequency and therefore the achievable control bandwidth increases
with A, according to (3.68). At the same time, increasing A implies a reduction of the system
damping (3.69) that involves additional issues of system stability. In addition, from (3.68) both the
moving mass and the total hydraulic volume constitute the inertial terms which slow down the system
eigenfrequency. The bulk modulus E appears as an equivalent stiffness of hydraulic medium so that
larger E increases the system eigenfrequency, according to (3.68). It is possible to sum up that the
parameters pair E/V,, in addition to the effective piston area A, is fundamental for the system
eigenfrequency and damping, as related to the hydraulic circuits [58]. As mentioned before, for this
reason it is important to verify the data obtained from the initial dimensioning of the hydraulic
cylinder in order to guarantee the correct functionality of the hydraulic actuator.

Now, the impact of the load pressure feedback on the load flow according to (3.63) is considered.
Keeping constant z value as a directional control valve operation point, the flow-pressure curve can
be directly computed. For different value of z, starting from the neutral (closed) orifice state (z = 0)
and going until its maximal value (z = a), are represented in Figure 3.20.

«10-3 Flow-Pressure characteristic curve

P _[Pa] 108
Figure 3.20 Static load flow-pressure characteristic curves.

Considering the working points 2 and P, and positive directional control valve operation range it is
possible to obtain:
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Both partial derivatives allow to introduce the so-called flow-gain coefficient C; and the flow-
pressure coefficient Cyp. Then, linearizing the orifice equation (3.63), it is possible to obtain:

QL = Cqz — CopPy (3.72)

Analyzing equation (3.72) it is possible to notice how the pressure-dependent coefficient C,

amplifies the input orifice state z and, therefore introduces only an additional gain to the transfer
function (3.67), while on the contrary, the pressure feedback coefficient Cy, reshapes the G (s)

dynamics so that the frequency response characteristic changes depending on the operation point [3].

Keeping in mind the previous considerations, it is possible to obtain the linearized transfer function
between the orifice state z and the rod velocity x, which can be obtained from (3.67)-(3.69) and
(3.72) as:

Ay X(s) CqG(s)
CO) =20 T T4 Cpyms + VA 1G() (3.73)

With the considerations used for the previous two model, in Figure 3.21 is shown the Bode diagram
for the transfer function of the linearized model always between the input command u and the output
rod velocity x. It is important to notice that in this case it is necessary to linearize not only around
the two input values of z (and so u) but also around a particular value of load pressure P, = 0.75Ps.

Bode Diagram
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Figure 3.21 Frequency response function between the input command u and the output rod velocity X for the linearized
reduced-order model.
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3.4.4 Comparison among the three models

In this paragraph the dynamic properties of the three models will be discussed while making some
qualitative comparison among them and demonstrating the differences in terms of measured
frequency response functions. For the numerical simulations, the system parameters are listed in
Table 3-1. It is worth to notice that the numerical values come from the previous hydraulic cylinder
dimensioning and directional control valve data.

Param. Value Units Param. Value Units
a le-3 m Ay 25.16¢-4 m’
B 3e-4 m Ap 25.16e-4 m’
w 1200 rad/s VP le-3 m’
& 0.7 - £ le-3 m
Cq 0.65 - m 12.39 kg
w 0.02 m F, 600 N
p 844.4 kg/m’ F, 900 N
E le8 Pa c 2000 kg/s
Ps le7 Pa X 0.02 m/s

Py 0 Pa 8 0.8 -
C,. 7e-10 1/s h 0.18 m

Table 3-2 System parameters of numerical simulation.

In Figure 3.22 is shown the comparison among the three different types of model, considering the
input control command |u| = a.

As already mentioned before in the previous three sub-paragraphs, the main differences among the
three models are due to a different degree of complexity in the schematization. In fact, the full-order
model schematizes the hydraulic actuator taking into account the most important nonlinearity
components, in particular dead-zone nonlinearity and saturations of the spool displacement as well
as the dynamics of the directional control valve. The reduced-order model is different from the full-
order model mainly due to the fact that the dynamics of the spool is neglected. Finally, the linearized-
reduced model linearizes the main quantities around an equilibrium position referred both to the load
pressure P; and the orifice state z (or control input command ). This model is very simplified with
respect to the initial one, but it could be helpful for studying and implementing in a simple and
effective way a particular control logic in order to transform the passive configuration of the
hydraulic actuator in an active one.

From Figure 3.22 it is possible to notice how the dynamics of the directional control valve appears
in the total system at very high frequency only (natural frequency of the directional control valve is
wo = 1200 rad/s) and this is underlined by the fact that the full-order model (black line) and the
reduced-order model (blue line) are very close until around 1000 rad/s, while for higher frequencies
they become different due to the addition of two poles that come from the dynamics of the directional
control valve. In fact, at high frequencies the modulus of the full-order model is influenced by the
dynamics of the servo-valve and it decreases in a faster way with respect to the reduced-order model
in which the dynamics of the directional control valve is neglected. Of course, this different behavior
in the Bode diagram can be seen also in the phase graph: adding the pair of high-frequency poles the
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trend of the phase in the full-order model is lower than in the reduced-order model. It is possible to
notice that there are differences also between the reduced-order model and the linearized reduced-
order model but in this case too such changes can be observed only at high frequencies. Probably
these differences in the Bode diagram are not due to the dynamics of the directional control valve as
before because in both cases it is neglected, but they could be due to a linearization of some quantities
in one model with respect to the other one.

Bode Diagram
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Figure 3.22 Comparison between the frequency response functions of the three different models.

In conclusion, for which concern the modulus of the transfer functions it is possible to consider
the three cases very similar each other until 600 rad/s, while there are some remarkable
differences in the phase diagram that cannot be neglected. Depending on the type of analysis it
is possible to use one of the three models keeping in mind the above considerations.
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The aim of this paragraph is to describe how the multibody model of the rail vehicle is used to
investigate and assess the effect using a semi-active or full-active yaw damper, also compared with
the case of the vehicle equipped with the standard passive damper. To study the problem and to
perform the simulations, the model has to be robust and reliable. The complete railway vehicle is
modelled through the multibody simulation software Simpack and the main features of this model
are described in paragraph 4.1. In order to study the stability of the system a non-linear analysis will
be done following the European Standard. Finally, the results of the passive, semi-active and full-
active solutions will be compared and discuss in the last parts of the chapter.

4.1 Simpack multibody model

Modern trains are complex mechanical systems that can be better analyzed and designed using
modern computational techniques. Developing detailed computer models of high-speed railway
vehicles is necessary to study vehicle performance, to improve existing design, create new ones, and
to develop safety guidelines for different operating and loading conditions. Computer dynamic
simulations have in fact come to play a fundamental role in railway vehicle performance, in safety
and accident evaluation, and in the design of new vehicles. The progresses in the fields of
computational mechanics and numerical methods are directly applicable in the non-linear dynamics
analysis of the railway vehicle systems.

Multibody system dynamics is a branch of the general field of computational mechanics that is
concerned with developing and solving the linear and nonlinear equations that govern the motion of
complex physical systems. The components of a multibody system can be subjected to large rotations
and displacements. The motion of these components, however, is limited by kinematic constraints
that are the result of mechanical joints and specified motion trajectories. Multibody system
techniques are general and have been used in the analysis, design, and performance evaluation of
numerous applications including vehicles, machines, space structures, biomechanical and biological
systems, robotics and mechanisms, as well as many other applications. The equations of motion are
developed in their most general form using the principle of mechanics. These equations are
implemented on digital computers in order to develop programs that can automatically and
systematically construct and numerically solve the equations of motion of a system that consists of
an arbitrary number of bodies and joints [61].

There are several advantages for adopting multibody system methodologies in the computer analysis
of railway vehicle systems. Among these advantages are their generality, their ability to
systematically solve non-linear problems, and the direct implementation of special railway vehicle
elements.
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In this thesis, the railway vehicle model is defined using software Simpack and it is shown in Figure
4.1. It is a full vehicle model of the leading coach of a high-speed train set. The model has 72 degrees
of freedom. The main rigid bodies are the car-body, two bogies and four wheelsets, two for each
bogie.

Figure 4.1 Multibody railway vehicle model in Simpack environment.

The main parameters of the model are shown in Table 4-1:

Name Value Unit of measurement
Load for each wheelset 27.52 kN
Wheelbase length 2.5 m
Distance between bogie frames 17.5 m

Table 4-1 Main parameters of the model.

The irregularity introduced in the multibody model is measured, while the wheel-rail contact is
modelled through the Fastsim algorithm [16] derived from the Kalker linear theory [62].

Figure 4.2 shows the wheel-rail pairs, highlighting the contact points between the wheel and the rail.
The wheel profile considered is the worn S1002, with a service life of 200000 km.

Contact connections (left) Contact connections (right)
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Figure 4.2 Wheel-rail pairs used in the Simpack multibody model.
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4.2 Methods for stability assessment

In order to study the stability of the train vehicle both the linearized system and the non-linear one
are considered. The main reasons for considering the linearized vehicle model are the utility of
making a comparison with a two degrees of freedom model that will be introduced in the next chapter
for the HIL tests and to see the importance of the non-linearities with respect to the linear model.

Regarding the stability of the system in terms of linear analysis, the eigenvalues/eigenvector method
can be used. Considering a velocity versus damping plot, it is possible to identify the linear critical
speed of the vehicle, that is the velocity for which the vehicle is assumed to become unstable and it
is indicated by negative damping values.

More complex is the case of non-linear stability of the model. In fact, in this case it is not possible to
perform an eigenvalues/eigenvectors analysis since the system is not linear anymore. For this case it
is necessary to study the stability in time domain. It is possible to consider a time domain simulation
starting from non-zero initial conditions and see how the motion of the vehicle (for example the bogie
or wheelset lateral displacement) evolves with time. In particular, if the result is a convergent solution
the system can be assumed as a stable system, while, if the solution is not convergent and a limit
cycle appears the system can be assumed unstable at that considered velocity.

Moreover, in order to have a more accurate method for studying the stability of the system, the
European Standard (EN 14363) can be used. The physical quantity to be considered according to the
European standard is the lateral acceleration of the wheelset. In particular, the root mean square
(RMS) of the lateral acceleration of each wheelset filtered with a band-pass filter that has a bandwidth
of + 2 Hz from the main peak of the lateral acceleration frequency response function has to be
considered. The RMS is calculated over a spatial interval of 100 m, with a travelling window of 10
m. The RMS value is calculated for different running velocities in a track with random irregularities
and it is compared with the acceleration threshold value (defined by the Standard) above which the
hunting instability occurs. Using the EN 14363, the acceleration threshold value is defined as:

12 — mbogie

Aiim = 2

2

in which my,, 4. is the mass of the bogie expressed in tons and a;;, for the considered railway
vehicle is equal to 5.39 m/s*.

4.3 Stability analysis for reference passive yaw damper

In this paragraph the stability analysis for reference vehicle with passive yaw damper will be
discussed. In particular, both linear and non-linear analysis will be performed and compared each
other.
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Reference passive yaw damper means a damper with constant characteristic that cannot be
controlled. The reference passive yaw damper is modelled based on the semi-active yaw damper
model, considering a constant value for the opening valve that corresponds to an opening of 30%. In
this way the reference passive yaw damper model is obtained and in the following two paragraphs
will be compared with the semi-active and full-active solutions.

4.3.1 Linear analysis

A first effective analysis of the Simpack multibody model is done considering the linearized model.
Linear model means that all the flexible elements (such as springs of suspensions and viscous damper
elements) have a linear behavior and also the wheel-rail contact forces are calculated by the linear
Kalker theory. In this way and with these assumptions the linear critical speed of the vehicle model
can be calculated using an eigenvalues/eigenvectors analysis. The root locus plot for the Simpack
model is shown in Figure 4.3.

Eigenvalues analysis for the Simpack model
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Figure 4.3 Eigenvalues analysis for the Simpack model.
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The velocity versus damping plot allows to identify the linear critical speed of the vehicle, that is the
velocity for which the vehicle is assumed to become unstable, and it is indicated by negative damping
values. From the zoom of the eigenvalues analysis it is possible to notice that the negative damping
values appears in correspondence of 280-290 km/h and so it is possible to conclude that the linear
critical speed for the Simpack model with a reference passive yaw damper is in the range of 280-290
km/h.

4.3.2 Non-linear analysis

As mentioned in paragraph 4.2, for the non-linear stability analysis the eigenvalues/eigenvectors
method is not suitable. For this reason, the stability analysis will be done referring to a time domain
analysis.

First of all, after having imposed fixed initial conditions (lateral displacement of the bogie and yaw
rotation of the bogie), the train is launched in a straight track section at constant speed. The results
of the simulations in time domain considering the variation of the lateral displacement of the wheelset
are presented in Figure 4.4, Figure 4.5 and Figure 4.6, that correspond to three different speeds. The
first speed of the simulation is under the linear critical speed (240 km/h), the second one is close to
the predicted linear critical speed (280 km/h) and finally, the third one is above the linear critical
speed (300 km/h). From these three graphs it can be observed that in case of speed lower than the
linear critical speed (240 km/h) the vehicle is in fully-stable condition, while in case of speed greater
than the linear critical speed (300 km/h) the system is unstable as can be observed from the formation
of a limit cycle of oscillation with amplitude of wheelset displacement of 6-7 mm corresponding to
flange contact. In case of intermediate speed, a small limit cycle can be observed, but it does not lead
to a continuous flange contact.

Lateral displacement of the wheelset - 240 km/h

Displacement [mm]
N o N
)2—
| —
—
I
=

Time [s]

Figure 4.4 Time-history of the wheelset lateral displacement for non-zero initial condition, at 240 km/h (below the linear
critical velocity).
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Lateral displacement of the wheelset - 280 km/h
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Figure 4.5 Time-history of the wheelset lateral displacement for non-zero initial condition, at 280 km/h (more or less the
linear critical velocity).

Lateral displacement of the wheelset - 300 km/h
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Figure 4.6 Time-history of the wheelset lateral displacement for non-zero initial condition, at 300 km/h (greater than the
linear critical velocity).

The other method used for studying the stability of the system is based on the European Standard EN
14363. As mentioned in paragraph 4.2, the physical quantity to be considered according to the
European Standard is the lateral acceleration of the bogie frame over one axle box. In Figure 4.7 the
RMS values of the lateral acceleration of one wheelset calculated for different running velocities in
a track with random irregularities are presented.
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RMS of the wheelset lateral acceleration
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Figure 4.7 RMS of the wheelset lateral acceleration for different running velocities.

It is possible to notice that the RMS value of the lateral acceleration increases with increasing the
speed until the acceleration threshold value set by the Standard is exceeded. This fact is highlighted
in the graph in Figure 4.7 with a dashed line at the points where the instability conditions start to
appear. Before the dashed line, visualizing the time history of one wheelset, no limit cycle can be
notice (Figure 4.8). Vice versa, after the dashed lines, considering the time history of one wheelset,
a limit cycle appears, and it is possible to see it despite the presence of the track irregularities as
shown in Figure 4.9.
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Figure 4.8 Time-history of the wheelset lateral displacement for a simulation with random track irregularity, at 240 km/h
(lower than the linear critical velocity).
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Lateral displacement of the wheelset - 300 km/h
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Figure 4.9 Time-history of the wheelset lateral displacement for a simulation with random track irregularity, at 300 km/h
(greater than the linear critical velocity).

Moreover, in Figure 4.10 is reported the time-history of the lateral acceleration of one wheelset
during the simulation in case of stable and unstable condition respectively. As it is possible to notice,
the lateral acceleration in case of stable condition does not show particular variations and this is sign
of stability of the vehicle.
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Figure 4.10 Time-history of the wheelset lateral acceleration in case of stable and unstable condition

Finally, it is also possible to notice how the non-linear critical velocity is not too much different from
the linear one, in fact in both cases is around 280-300 km/h.
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4.4 Stability analysis for vehicle with semi-active dampers

In order to model the vehicle with semi-active dampers the Simpack model of the passive vehicle
described in section 4.1 is interfaced to the hydraulic model of the semi-active damper described in
section 3.3. This latter part of the model is defined in Simulink. In order to connect the mechanical
and hydraulic parts of the model, a co-simulation procedure between the Simpack model and the
Simulink models is established. Thanks to this approach, the two models are able to exchange
information online during the simulation (see scheme in Figure 4.11). The output of the Simpack
model becomes the input for the Simulink block scheme and vice-versa. The Simpack outputs are
the piston velocity of the yaw dampers and the lateral acceleration of the wheelsets. As input the
multibody model receives the force exerted by the yaw dampers computed for each time step in the
Simulink environment.

el -
{/
24 b4
= U, 4 =
U, b4
U, Y,
- Forces
- Sensors

Figure 4.11 Simulink-Simpack co-simulation scheme.

The co-simulation results obtained with the semi-active yaw damper concepts are here presented.
The control strategies introduced in paragraph 3.2.1 are applied to the semi-active devices and the
results are compared with the case of reference passive yaw dampers in order to assess the effective
benefits for the stability of the vehicle.

4.4.1 Stability analysis for the MPPT control stategy

The MPPT controller is implemented by a Simulink block and is linked to other parts of the system
as represented in Figure 4.12.
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Figure 4.12 MPPT control scheme.

In the scheme above, the third block represents the mechanical model of the train vehicle that,
through the co-simulation, communicates with the Simpack multi-body model. As shown in the
scheme the inputs of this block are the forces exerted by the yaw dampers (one for each side of the
bogie) and the outputs are the lateral accelerations of the bogies and the elongation velocity of the
yaw dampers.

The second block contains the hydraulic cylinder model introduced in paragraph 3.3. The block
inputs are the command for the proportional valve generated by the external controller, and the
elongation velocity of the yaw damper, while the output is the force exerted by the hydraulic cylinder.

Finally, the first block represents the external controller that, according to the MPPT algorithm, takes
as input the damper force and the lateral bogie acceleration and calculates as output the command
that is fed to the control valve.

Figure 4.13 compares the results of the non-linear stability analysis for the vehicle with semi-active
damper and MPPT control and the reference vehicle with passive damper. Both the MPPT control
logics are considered. The one with the aim of minimizing only the lateral acceleration for the sake
of simplicity is called MPPT, while the one with the aim of minimizing both lateral acceleration and
yaw damper force is called MPPT,. The weights for the two MPPT control strategies are shown in
Table 4-2.

Control strategy Weight of the aceleration Weight of the force
MPPT; 1 0
MPPT, 1 4

Table 4-2 Weights of the MPPT control strategies.

As can be seen from the graph, the RMS values obtained for both MPPT solutions lead to the same
results, especially at relatively high speed. As it is possible to notice, with the MPPT control logic,
the stability threshold is exceeded at higher speed, with an increase of the critical speed of 70 km/h
approximately. This means that with the semi-active solution the train vehicle can run at higher speed
maintaining its stable behavior with respect to the passive solution.
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Figure 4.13 Comparison between the RMS of the wheelset lateral acceleration for the passive and MPPT semi-active
solution (kz = 1, kp = 4) for different running velocities.

Another comparison between the passive and the semi-active case with the MPPT can be done
comparing the time-history of the wheelset displacement. In Figure 4.14 and Figure 4.15 are shown
the time-history for the case of velocity lower than the critical velocity and for velocity higher than
the critical velocity obtained with the reference passive solution, respectively.
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Figure 4.14 Comparison between the wheelset lateral displacement obtained with reference passive yaw damper and with
MPPT control strategy at 220 km/h.
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Figure 4.15 Comparison between the wheelset lateral displacement obtained with reference passive yaw damper and with
MPPT control strategy at 300 km/h.

As it is possible to see, in the first case the lateral displacement of the wheelset for both solutions are
quite similar since both models are in a stable condition. Vice versa, in the second case, it is possible
to notice that the lateral displacement of the wheelset with the MPPT control logic is lower than the
lateral displacement of the wheelset with the reference passive damper and this is sign of the stability
of the vehicle for the velocity taken into account.

The MPPT algorithm computes the voltage command that control the opening of the external valve,
optimizing the module and the phase of the damping force. The voltage command is in the range of
0-10 V, with 0 V that means valve completely closed and 10 V that corresponds to the valve
completely open. This voltage command can be also expressed as a percentage of the opening
external valve. In this case, 0% of opening command means 0 V applied to the opening valve and so
the valve is fully closed; vice versa, 100% of opening command means 10 V applied to the opening
valve and so the valve is fully open.

In Figure 4.16 is shown the time-history of the input voltage command considering the MPPT control
strategy both in case of weight of the force gain equal to zero and in case of weight of the force gain
equal to 4 and starting from the minim value of the command. For this simulation a low value of the
velocity is considered so that the different effect of the two control logics can be appreciate in a better
way. In particular, it is possible to notice that in case of zero weight of the force gain, since the aim
of the controller is only to minimize the lateral acceleration of the bogie, the voltage command tends
to remain to very low values (tending to zero). As a matter of fact, there is no reason for the voltage
command to increase and consequently to decrease the yaw damper force, otherwise the lateral
acceleration would increase, and this is in contrast with this specific target of the controller. Vice
versa, considering the weight of the force gain equal to 4, it is possible to notice that the voltage
command tends to increase somehow during the simulation. This behavior is due to the fact that the
train is stable at this particular speed and since this control logic tries not only to minimize the lateral
acceleration of the bogie but also to minimize the yaw damper force, it tries to open the valve
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considering a trade-off between minimizing the lateral acceleration of the bogie and minimizing the
yaw damper force.

Opening command in case of MPPT control strategy - 220 km/h
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Figure 4.16 Command for MPPT control strategy starting from zero value of the opening valve.

Figure 4.17 shows the time-history of the opening command, starting from fully open valve and for
the vehicle travelling at 300 km/h.
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Figure 4.17 Command for MPPT control strategy starting from maximum value of the opening valve.
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In this case, in the first part of the simulation the vehicle is unstable and for this reason the controller
reduces the input voltage command in order to close the valve, increasing the yaw damper force and
consequently reducing the lateral acceleration of the bogie and stabilize the vehicle. Once the vehicle
is stable and the external valve is close, the voltage command remains more or less constant at zero
value for both the MPPT control strategies. The different behavior with respect to the one shown in
Figure 4.16 can be explained by the fact that in this case the velocity is higher and to reach the
stability it is necessary to have a higher value of the damping force, that means very low input voltage
command. However, even if the second part of the time-history is quite similar for the two different
MPPT control logics, in the first part it is possible to notice that in case of zero value of the force
gain the opening command decrease a bit more rapidly with respect to the case with a force gain
equal to 4.

Finally, a complete time-history of the main quantities is shown in Figure 4.18. For the sake of brevity
only the case with weights ki = 1, kr = 4 is reported. Lateral acceleration, wheelset displacement,
yaw damper force and opening valve command are simultaneously reported.
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Figure 4.18 Time-history of a multibody simulation with MPPT control strategy at 300 km/h, with the aim of minimizing
both the lateral acceleration and the yaw damper force, starting from the maximum value of the input voltage command.

Also in this case, an intermediate speed value is used in the simulation in order to better appreciate
the effect of the MPPT control logic. As it is possible to notice, this figure summarizes all the
comments made previously on the functioning of the MPPT control strategy. In the first part of the
simulation, a large amplitude of the bogie hunting motion is observed in the two upper diagrams.
This trigger the change of the opening command that happens approximately from 2 to 7 seconds.
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Once the valve is sufficiently closed, the hunting motion is suppressed, the vehicle runs in a stable
way and the opening command remains nearly constant.

4.4.2 Stability analysis for the sky-hook control strategy

The same analysis performed for the MPPT solution can be done also in case of sky-hook solution.
In particular, considering the case of on/off sky-hook, the input voltage command can assume only
two values that represent the fully open and fully closed configurations of the external opening valve
and correspond to maximum and minimum value of the yaw damper force respectively. In this case,
there is no big difference to start the simulation with the maximum or minimum value of the opening
valve command, but it is still possible to appreciate the different behavior of the control logic
considering two different velocities for the train vehicle.

In Figure 4.19 is shown a zoom of a time-history of the opening command taken from a numerical
simulation made at 220 km/h. On the contrary, in Figure 4.20 the numerical simulation was
performed at 300 km/h. As can be noticed, in case of relatively low speed of the vehicle the opening
valve command is subjected to less variation between maximum and minimum value with respect to
the case at relatively high speed.
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Figure 4.19 Command for sky-hook control strategy at 220 km/h.
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Opening command in case of sky-hook control strategy - 300 km/h
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Figure 4.20 Command for sky-hook control strategy at 300 km/h.

As made for the MPPT control strategy, also in this case, a complete time-history of the main
quantities that have to be considered during the simulation is shown in Figure 4.21.
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Figure 4.21 Time-history of a multibody simulation with sky-hook control strategy at 300 km/h.
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During the entire simulation, the vehicle shows a stable behavior, with relatively low values of
acceleration and wheelset displacement and with no sign of a limit cycle oscillation. The opening

command is frequently switching between fully open and fully closed, as is inherent in the on/off
sky-hook control strategy.

In Figure 4.22 is instead presented a zoom of the time-history of the opening command for the
continuous sky-hook solution. As mentioned in paragraph 3.2.1.2 with the continuous solution the
opening valve command can assume also intermediate values and not only the maximum and the
minimum one. One of the remarkable advantages of this solution is that there are no step variations
of the valve opening command (on/off sky-hook), which has instead a more smooth transition and
this could be a key point especially when the real semi-active yaw damper will be considered. In fact,
with the physical object, the dynamics of the opening and closing the valve might be non-negligible,
depending on the hardware used.
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Figure 4.22 Opening valve command in case of continuous sky-hook control strategy.

Finally, in Figure 4.23 is presented the same graph shown in Figure 4.13 but with also the line that
represents the sky-hook control strategy solution. To simplify the diagram, only one version of the
MPPT controller (k; = 1,kr = 4) and one version of the sky-hook controller (on/off) are shown.
As can be seen, there is no big difference between the two semi-active control strategies, at least
regarding the RMS value of the lateral acceleration. So, it is possible to conclude that from the point
of view of non-linear stability analysis, the two semi-active control strategies are quite similar to
each other. The big difference between the two types of semi-active control strategies is the opening
valve command. In case of MPPT solution, the opening valve values is calculated every second and
it can only vary by a limited amount and not changing instantaneously from maximum to minimum
value (or vice versa) as it happens in the sky-hook solution. This frequent opening and closing of the
external valve have no consequences for the theoretical simulations. In fact, the yaw damper model
assumes an ideal behavior for the proportional valve, so the opening and closing of the by-pass valve
takes place instantaneously considering neither delay nor the dynamics of the valve itself.
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Figure 4.23 Comparison between the RMS of the wheelset lateral acceleration for the passive, MPPT and sky-hook semi-
active solutions for different running velocities.

4.5 Stability analysis for the vehicle with full-active dampers

In this paragraph, the co-simulation results obtained with the full-active yaw damper concept are
presented. The hydraulic actuator model introduced in paragraph 3.4 is connected to the mechanical
multibody system of the rail vehicle presented in paragraph 4.1 through the co-simulation tool in the
same way as previously described in this chapter. The gain c, of the full-active control law (see
section 3.2.2) was chosen by means of a sensitivity analysis. Of course, the performance of the full-
active solution is strongly depending on this parameter. The simulation results are compared with
the passive and semi-active solutions, with the aim of assessing the improvements in the vehicle
stability performances.

First of all, the comparison in terms of RMS of wheelset lateral acceleration between the reference
passive, semi-active and full-active solutions is presented in Figure 4.24. As it is possible to notice
the limit value of the lateral acceleration is not exceeded in the entire range of speed considered for
the vehicle equipped with full-active yaw damper. This means that the active concept has the best
performances compared to the semi-active control logic, since there is no unstable condition at least
up to 380 km/h.
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Figure 4.24 Comparison between the RMS of the wheelset lateral acceleration for the passive, semi-active (MPPT and

sky-hook) and active solutions for different running velocities.

In Figure 4.25 the time-history of the lateral displacement of the wheelset is presented both for the
passive and full-active solutions. As can be noticed, in the passive case a limit cycle appears while it
is not evident for the case of full-active control strategy.
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Figure 4.25 Comparison of wheelset lateral displacement between passive and full-active solution at 300 km/h (unstable

condition in the passive case, stable condition in full-active case).
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The stability improvement with the full-active solution can be also noted from the time-history of
the wheelset lateral acceleration as presented in Figure 4.26. The magnitude of the wheelset lateral
acceleration does not show particular variation during the entire time-history and this can be seen as
another sign of the stability of the vehicle for the considered velocity.

Lateral acceleration for passive and full-active solutions
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Figure 4.26 Comparison of lateral acceleration between passive and full-active solution at 300 km/h.

Finally, in Figure 4.27 is shown how the full-active control logic works. As mentioned in the
description of the ideal damping force control logic in paragraph 3.2.2 the aim is to replicate the
effect of an ideal viscous damper through a proportional control based on the difference between the
ideal reference damping force and the effective force produced by the full-active damper model. It is
observed that the actual force generated by the full-active damper follows closely the reference force
which is the force that would be generated by a linear viscous damper with damping coefficient c,,
equal to 330 kNs/m.
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Figure 4.27 Example of how the full-active control logic works compared with ideal viscous reference force.

As mentioned in the first part of this section, the gain c,, of the full-active control law was chosen by
means of a sensitivity analysis. The choice represents a good trade-off between performances in
terms of lateral acceleration and limited maximum force. For sake of brevity, in Table 4-3 are
reported the main parameters that have to be considered for the choice of the gain c,,.

¢y [kNs/m] RMSg. [m/s?] Finax [kN] RMSp [kW]
210 7.08 20.369 0.357
270 5.98 23.491 0.280
330 391 23.100 0.242
390 2.63 24.570 0.194

Table 4-3 Sensitivity analysis for gain c,,.

As predicted, the stability of the bogie improves with increasing values of the c¢,, coefficient, and also
force increases but the root mean square of the dissipated power does not. Therefore, a value of ¢,
coefficient equal to 330 kNm/s is a suitable compromise between an oversizing of the actuator and
its good performances, even better than the semi-active solution.
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In this chapter, the concept of hardware in the loop (HIL) and the experimental tests results there will
be presented and discussed. It is important to underline how the HIL tests allow to pass from purely
numerical simulations to the real experimental tests, in which the simplified model of the yaw damper
is no longer considered, and it is replaced by the real physical object with all its complexities and
functionalities. Therefore, results obtained from the HIL tests are a good indicator for the correct
functioning of the physical yaw damper. Since the Simpack multibody model of the railway vehicle
is too complex for running in real-time, the introduction of a simplified model of the bogie is
necessary. In this way, with a simpler model, the simulations can run in real-time and the HIL concept
can be used.

It is worth to notice that the yaw damper used for the HIL tests is not exactly the one modelled in
Chapter 3. Moreover, the HIL tests are limited to the semi-active yaw damper solution, since the
prototype of the full-active one was not available.

5.1 HIL testing concept

Hardware-in-the-Loop simulation, is a technique that is used in the development and test of complex
real time embedded systems. HIL simulations provides an effective platform by adding the
complexity of the plant under control to the test platform. The complexity of the plant under control
is included in test and development by adding a mathematical representation of all related dynamics
systems. These mathematical representations are referred to as the “plant simulation”. The embedded
system to be tested interacts with this plant simulation.

A HIL simulation must include electrical emulation sensors and actuators. These electrical
emulations act as the interface between the plant simulation and the embedded system under test.
The value of each electrically emulated sensor is controlled by the plant simulation and is read by
the embedded system under test (feedback loop). Likewise, the embedded system under test
implements its control algorithms by outputting actuator control signals. Changes in the control
signals result in changes to variable values in the plant simulation.

The HIL bench is constituted by:

- sensors: input devices;

- actuators: used to perform an action following the control unit input;

- electrical and electronic wiring and relative connections: the electrical system and the
network that interconnects the control units with the relative terminators i.e. sensors and
actuators,;

- models: the computer programs that emulates everything that is non-physically presented in
the bench and send the signals to the connected devices.
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The final purpose of the HIL tests is to simulate the real behavior of the physical yaw damper without
considering the effective presence of the other components of the train and represent the step just
before the on-line tests.

5.2 Description of test rig

Figure 5.1 shows the test rig setup used during the experimental phase. The main components that
can be seen are the hydraulic actuator which is used to test and move the damper, a load cell in
between the actuator and the effective semi-active yaw damper itself with another load cell.

Figure 5.1 HIL experimental setup.

Instead, in Figure 5.2 is presented a schematization of the test rig in order to understand how the
hydraulic actuator and the semi-active yaw damper are connected to the other units.

Load : Load o
cell cell Accelerometer
Semi Active Yaw Damper j Actuator
Ll ) T AL
Internal displacement sensor Dléplacemznt
omman

Internal pressure sensors (P, P;)

2 Acceleration
Y / “«
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Command -’/ Force ]

Control
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Figure 5.2 Scheme of the HIL setup and connection with the other units.
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The inputs of the control unit driving the semi-active yaw damper are the acceleration signal that
comes from the accelerometer mounted on the moving end of the hydraulic actuator (interface
between the hydraulic actuator and the semi-active yaw damper) and the force signal that comes from
the two internal pressure sensors mounted inside the semi-active yaw damper. The output of the
control board is the valve opening command which defines the opening of the variable restriction
valve of the semi-active yaw damper. The other unit used for the HIL tests is a real-time board by
DSpace and it is used to drive the hydraulic actuator, realizing the HIL feedback loop. The input of
the DSpace is the force measured from the load cell and its output is the displacement realized by the
hydraulic actuator. It provides the reference for the actuator displacement based on the output of the
simplified train vehicle model integrated on it.

Finally, in Figure 5.3 it is possible to see in more detail the two control boards as described previously
and other laboratory tools principally used for converting and acquiring signals.

Figure 5.3 Control unit used to drive the semi-active yaw damper, DSpace real-time board and other laboratory tools.

5.3 2-dof model of the vehicle

As mentioned in the introduction of this chapter, the multibody model in Simpack is useless for
writing the equation of motion of the system and for the HIL test bench since it is too complex,
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having 72 degrees of freedom. These are the reasons why a two degrees of freedom simplified
mechanical model of the system is introduced as shown in Figure 5.4.
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Figure 5.4 2-dof schematization of the train vehicle.

The assumptions that are used in this simplified model are the following:

1. the system is formed by three rigid bodies: two wheelsets and the bogie frame (Figure 5.5).
Frequencies involved with hunting instability motions are always below 10 Hz (in particular
between 3-6 Hz) whereas flexibility effects in wheelsets and bogie frame are to be found in
a high frequency range, at least 60 Hz or more. All bodies are moving in longitudinal
direction with speed V.

2. The carbody is assumed to move longitudinally with speed V and with no lateral/yaw
oscillations due to the low coupling provided by the secondary suspensions.

3. Completely rigid primary suspensions, since the longitudinal and transversal stiffness values
of the multibody model are very large.

Figure 5.5 Model of the system: two wheelsets and one bogie frame.

With the third assumption (completely rigid primary suspensions) the two wheelsets are moving
rigidly together with the bogie frame except for one additional degree of freedom which is the
rotation of the body around its axis of revolution. The only flexibility that is possible to consider is
the one for the secondary suspension: a longitudinal and a transversal stiffness kggy, Kggy. With this
assumption, the only degrees of freedom are a lateral displacement evaluated at the center of the
bogie frame y and a yaw ration for the bogie . The lateral displacements at the front and rear
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wheelsets yr, ygr and as well as the yaw rotation for the two wheelsets oy, op become kinematic
variables that are depending on y and o. The wheel-rail contact forces are decoupled in two
directions, longitudinal and transversal and they are present in each wheel. Finally, Fp;, Fpg are the
forces exerted by the yaw dampers.

With these general considerations on the simplified mathematical model, in the following two
paragraphs will be presented both the linearization of the two degrees of freedom model and the
“complete” schematization of the model itself, in which the main effects due to non-linearities will
be also included.

5.3.1 Linear model

Considering the linearized simplified two degrees of freedom model, with respect to Figure 5.4 the
equations that describe the dynamics of the system can be written as:

{ my + 2kge,y = Frgy + Frpq + Frro + Fropz
JG + 2kssxb?0 = S[(Fir1 + Fir2) — (Fpa + Fri2)] + p[(Friz + Frro) — (Friq + Frro)] = b(Fp, + Fpr) (5.1

in which m represents the mass of the bogie plus the masses of the two wheelsets and J is the moment
of inertia of the bogie and the two wheelsets rigidly connected. In equation (5.1), s represents the
semi-gauge, p is the semi-wheelbase length and b is the distance between the point of application of
the force of the yaw dampers and the center of the track.

Using the linearized model, it is necessary to consider some additional assumptions in addition to the
previous three in order to schematize in a correct way the dynamics of the train model. For this
reason, small displacements, conical wheel profiles, linear relationship between creepages and creep
force, negligible effect of spin and spin moment are assumed. According to this fourth hypothesis of
the model, the wheel-rail contact forces in transversal and longitudinal direction can be expressed
according to Kalker’s linear theory in the following way [62]:

Frry = —f2281R1
Fria = —fa2€r11
Frro = —fa2€rr2 (5.2)
Frio = —fa2€r12
Firi = —fi1ém
Fiii = —fiién
Firo = —fi1€LR2 (53)
Frio = —fi1€112

in which the two linear coefficients f,, and f;; are respectively:

f22 = GabCy, (5.4)

f11 = GabCyy (5.5)
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where G is the shear modulus of the material, a and b are the semi-axis of the wheel-rail contact
ellipse (obtained by the Simpack model of the train), C;; and C,, are the Kalker’s coefficients that
depend on the ratio b/a in the following way [16]:

C.n = 3.2893 + 0.975 0.012

22 = 9 b/a (b/a)z (5.6)
C. = 24014 + 1.3179 0.02

11 — 4 b/a (b/a)z 5.7

The creepages in transversal and longitudinal direction can be expressed as functions of the state
variables:

y+Vo—po

€TR1 = €11 = - v (5.8)
y+Vo+po

€TR2 = €12 = - v (5.9)

V —yo + 56 — Ry
€LR1 = €LR2 = % (5.10)

V —yo—sog— 1R,
€Ll = €2 = % (5.11)

Moreover, assuming the wheels shape to be conical (Figure 5.6), the rolling radius on the right and
left wheel is defined as:

Figure 5.6 Schematization of the linear conical profile of the wheel.

In this way, using the previous linear relationships between the rolling radius and the lateral
displacement it is possible to obtain the following expression for the longitudinal creepages:
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_ _ S0 _yy

€LR1 = €LR2 = 7 _Ro (5.14)
B __S6 vy

€LL1 = €L2 = _V _Ro (5.15)

Defining ¥ = {i} and introducing all the relations from (5.2) to (5.15) into equation (5.1), it is

possible to obtain the following matrix expression:

4
m 0 lr% 0 } stsy 4‘fZZ
:+ '_+ 4 s =
f ] e I L B AP S b
|0 ——+— Ro (5.16)

_ [ 0 0 ] [FDR]
—-b —bl|Fp,
The force Fpp and Fp;, are functions of the damping and stiffness coefficient of the two elements that
compose the yaw dampers themselves. In particular, since these two elements are in series
configuration and this would involve the addition of further degrees of freedom to describe the entire
model, as a first approximation it is possible to consider the stiffness of the yaw damper as infinitely
rigid. In this way, the presence of the ideal spring can be neglected, and the yaw damper can be

schematized only with an ideal damper. With this simplification it is possible to write the two forces
in the following way:

FDR = FDL = Cobd—

(5.17)
where ¢, is the damping coefficient taken from the passive reference damper model.
Introducing (5.17) into equation (5.16) it results:

4f22 0

o E Y 7
0 J 4f115%  4f2p?

fi1 N f22p + 2¢4b?

4 4 (5.18)
2kss.y 4f5, 0 ’
+ 4f s X =
_ fuasy 2k b2 x [0]

Ry

Equation (5.18) represent the complete equations of motion of the linearized simplified two degrees
of freedom model of the train.

5.3.2 Non-linear model
First of all, for the non-linear model it is necessary to remove the hypothesis of constant equivalent

conicity of the wheels. In this case, relations (5.12) and (5.13) are not valid anymore and the wheel’s
radius increases as a function of the wheelset displacement in the following way:
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RL,R =Ry + ARL,R (ywheelset) (5.19)

in which R, p is the effective contact radius of the left/right wheel, R is the nominal rolling radius
and AR, p is the variation of the rolling radius with the lateral displacement of the wheelset for the
left/right wheel. The rolling radius variation functions are taken directly from software Simpack

considering the train wheels profile and they are represented for the right and left wheel in Figure
5.7.
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Figure 5.7 Functions for the radius variations of the left and right wheel.

Another non-linear component that is present in the wheel-rail contact schematization is a lateral
force that affects each wheel. This force is proportional to the tangent of the contact angle (tany) in
the following way:

Fgpr=P-tany,p = P -tan (VL,R (}’wheelset)) (5.20)

in which P is the vertical load for each wheel, while tan y is a function of the lateral displacement of
the wheelset. As done for the radius variations, also in this case the contact gradient on rail for the
two wheels are taken directly from the Simpack model in order to have a better comparison between
the two models, and it is represented in Figure 5.8.
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Figure 5.8 Contact gradient on rail, plot of tan y as a function of the wheelset lateral displacement.

A very practical way for improving the Kalker contact linear theory is to use what is known as
Heuristic laws (Figure 5.9): the starting point is always the linear theory by Kalker, and therefore
linear forces and parameter T are defined. Finally, a saturation law that is basically a third order
polynomial which provides a kind of smooth transition from the linear region of the diagram (which
is predicted by the linear theory of Kalker) to the saturation limit (7 > 1) is applied. In this way, the
redistribution of the longitudinal and transversal creep forces considering the cubic saturation law is

obtained:
( sat _ F}%l
FTRl - F‘res FTRl
R1
I
t L1
FTSle - Fres FTL1
4 L1
!
Fsat _ FRZ (5.21)

TR2 — Fres FTRZ
R2

!

sat _ L2
FTLZ - Fres FTLZ
L2

81



Chapter 5

!
Fsat — FR1 F
LR1 — pres ' LR1
R1
!
Fsat — FLl F
LL1 — Fres LL1
{ L1
!
5.22
Fsat _ "“R2 F ( )
LR2 — Fres LR2
R2
!
Fsat — FLZ F,
LL2 — pres ' LL2

L2

in which, the linear creep forces, F}, | g1, and Fr g4, are taken from the Kalker’s linear theory
((5.2), (5.3)), the resultant linear force for each wheel, Fz’; 5, is defined as the sum in quadrature of
the longitudinal and transversal linear creep forces:

Ferzst = \/(FT LR 1,2)2 + (FL LR 1,2)2 (5.23)

the cubic saturation curve has the following equation:

Fir12 = 0P (1 —(1-7wr 1,2)3)

(5.24)
and the parameter 7 r 4 , is defined for each wheel as:
FiR1,
TLR12 = 311—P (5.25)

where u is the friction coefficient existing between the wheel and the rail.

» Saturation law for the creep forces
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Figure 5.9 Heuristic law for the saturation creep forces: Vermeulen-Johnson law.
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Finally, in order to obtain a more complete model, other two degrees of freedom are introduced, that
are the additional independent rotations of each wheelset 8, and f3,, relative to the un-perturbed
rolling motion of the wheelset. In this way, the angular speed of each wheelset can be written as:

w=0+p (5.26)

The introduction of these additional independent coordinates is useful to deal with the large variation
of longitudinal creepages occurring when flange contact occurs considering the non-linear rolling
radius variation shown in Figure 5.7.

It is worth to notice that for the sake of simplicity, even though the non-linear model is now a four
degrees of freedom one, it will in any case be referred to as a non-linear model with two degrees of
freedom, simply referring to the yaw rotation of the bogie and to the lateral displacement of the bogie
itself. The two additional degrees of freedom are used only in the equations of motion in order to
have a more realistic comparison between the two models.

With these additional assumptions it is possible to obtain the equations of motion of the non-linear
model writing the equilibrium equations for the lateral displacement, yaw rotation, torques around
the front and rear wheelsets.

my+2kssyy = Fﬁgi +FTS% +F1§g5 +FTngt + Fgry + Fpr1 + Fpro + Fpio
JG + 2kgsb?o = s[(Figt + Figs) — (Fiff + FifH)] + p[(F7fz + Frgs) — (Fift + FRRDl +
+p[(Fprz + Fpr2) — (Fpry + Fpr1)] — b(Fp, + Fpg)
| JwiBr + FE4 Ry + FifiRgy = 0
k ]wzﬁz + FLSilztRLz + FLngtRRz =0

(5.27)

As it can be noticed from (5.27), the main differences with respect to the liner case are the non-linear
saturated creep forces, the contact forces in lateral direction due to the contact gradient on rail and
the two additional equilibrium equations due to the independent rotations of each wheelset.

5.3.3 Comparison between the Simpack multibody model and the reduced
2-dof model

In this section the results of the comparison between the Simpack model and the reduced two degrees
of freedom model both in linear and in non-linear form are presented. In addition, it will be briefly
discuss also the difference between the linear and non-linear model of the two degrees of freedom
schematization of the train vehicle. The simulations are done with an ideal pure viscous yaw damper
in which the equivalent damping coefficient is taken directly from the characterization of the semi-
active yaw damper presented in section 3.3.4 at 4 Hz and with a constant opening of the valve equal
to 30%.

5.3.3.1 Linear Simpack model vs linear simplified 2-dof model
For what concerns the linear critical velocity of the two degrees of freedom simplified model it will

be used an eigenvalues/eigenvectors analysis as it was done for the linear Simpack model (paragraph
4.3.1). The equations of motion in (5.18) can be generalized in a matrix form as:
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[M]x + [C]x + [K]x = [0] (5.28)
X

} and his derivative Z = {’f } it is possible to obtain the state
X X

Introducing the state variable Z = {

space representation:

[[M] [0] ] {f} + [ [C] [K]] {f} _ {0}
[0] [MlIGe) " 1-[m] [olllx) 'O (5.29)
[A]z+[B1]z=0 - z=-[A]]"[Bi]z - z=[A]z (5.30)
where the state matrix is a function of the vehicle velocity, [A] = [A(V)].
Imposing the steady state solution:
_ 7oAt
z=1Ze (5.31)
it is possible to obtain:
AZe* = [AWN)ze* - (“A+[AWDZ=0 -
- det(—Al]1+[A(V)]) =0 (5.32)
that represents an eigenvalues problem of the state matrix [A(V)].
Generally, the A values are pairs of complex and conjugate numbers:
A(V) = —a(V) tiw(V) (533)

By analyzing the real part of the eigenvalues, it is possible to study the stability of the system: if all
the real parts are negative the system is stable, otherwise, if at least one of the real parts is positive
the system is unstable. The imaginary part of the eigenvalues provides information on the frequency
of the oscillation.

One of the most used way of showing the results for this analysis is the well-known root locus
visualization (Figure 5.10): it is based on repeating an eigenvalue/eigenvector analysis for the state
matrix of the system for different longitudinal speed of the vehicle which is increased in discrete
steps (5 km/h). The results are represented in a complex plane where the horizontal axis is the axis
of the real part of the solutions, and the vertical axis is the axis of the imaginary part of the solutions.
Each complex and conjugate pair is represented by two points which are placed symmetrically with
respect to the horizontal axis. If the speed can change in discrete steps, then the couples of points are
moving in the complex plane and the root locus is obtained. It is possible to notice that if the speed
of the vehicle is increasing then the system will go into an unstable condition. Moreover, it is worth
to notice that this type of analysis gives also some information on the frequency of the motion on the
vertical axis. The imaginary part of the first eigenvalues with positive real part is more or less 21 (the
imaginary part corresponds to the pulsation frequency w expressed in rad/s) and so it is possible to
conclude that the frequency of the hunting motion is slightly higher than 3 Hz.

As mentioned before, the instability is reached when the real part of the maximum eigenvalue crosses
the zero, becoming positive. So, from this sensibility analysis it is possible to conclude that the
reduced model has a linear critical velocity of 270 km/h, while the linear critical speed of the Simpack
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train model is around 280-290 km/h (paragraph 4.3.1). The proximity of the two critical velocities
confirms the reliability of the simplified model and although the linear model introduced is a very
simplified one, with two degrees of freedom only, it can reproduce in an accurate way the lateral
dynamics of the railway vehicle, as testified by its linear critical velocity that is very close to the
linear critical velocity of the Simpack linearized model.

Root locus map
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Figure 5.10 Root locus map: dependence on the running velocity.
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5.3.3.2 Linear simplified 2-dof model vs non-linear 2-dof model

In this section the difference between the linear two degrees of freedom simplified model and the
non-linear two degrees of freedom model will be briefly discussed. As mentioned in paragraph 5.3.2,
the main difference between these two mathematical models of the train vehicle is the way on how
the wheel-rail contact forces are calculated. In particular, in the linearized model an equivalent
constant wheel conicity was used in order to calculate the rolling radius variation, while with the
non-linear model it was used the real wheel profile. Of course, since the comparison is between a
linear and a non-linear model, it makes no sense to use the eigenvalues/eigenvectors analysis and
calculate the linear critical speed. For this reason, the comparison between these two models will be
done only referring to a simplified time domain analysis, in which, after having imposed fixed initial
conditions (lateral displacement of the bogie and yaw rotation of the bogie itself), the train is
launched in a straight track section at constant speed. The results of the two models are then compared
in time domain considering the variation of the lateral displacement for both models. The results are
presented in Figure 5.11, Figure 5.12 and Figure 5.13 that correspond to three different velocities:
the first velocity of the simulation is under the linear critical velocity (220 km/h), the second one is
close to the predicted linear critical velocity (285 km/h) and finally, the third one is above the linear
critical velocity (320 km/h).

0 Lateral displacement - comparison at 220 km/h
l l l l

2 d.o.f. linear model
2 d.o.f. non-linear model [ |

Lateral displacement of the bogie [mm]
o
—
=
o

-8

-10
0 1 2 3 4 5 6 7 8 9 10

Time [s]
Figure 5.11 Comparison between linear and non-linear simplified two degrees of freedom model at 220 km/h (lower than
the linear critical velocity).
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the two models. However, it is possible to notice how in case of velocity lower than the linear critical
velocity (Figure 5.11) the two responses are almost the same. This fact can be justified considering
that in case of low wheelset displacement the non-linear effects due to the radius variation and the
contact gradient on rail are negligible with respect to the linear. In the other cases, with greater
velocities a limit cycle appears in the non-linear model and for this reason it is not as trivial as in the
linear case to find the critical velocity of the non-linear two degrees of freedom model, since there is
no pure expansive solution. The other difference that can be noticed is that the frequencies of the
hunting motion in the two cases are not exactly the same, but this can be justified by the fact that in
the non-linear model there are two additional degrees of freedom (additional rotation of each
wheelset) with respect to the linear model and also the non-linearities are considered. However, even
if the two frequencies are not exactly equal, both are of the order of 3-4 Hz which correspond to the
oscillation frequency due to the hunting motion of the rail vehicle. Finally, it can be confirmed the
linear critical speed of the two degrees of freedom model also in time domain: for speed equal to 285
km/h and 320 km/h the solutions are expanded with time (Figure 5.12 and Figure 5.13), while for
velocity equal to 220 km/h the solution is convergent (Figure 5.11) that means that the velocity is
under the linear critical velocity of the vehicle.

5.3.3.3 Simpack multibody model vs non-linear 2-dof model

After having compared the linear Simpack model with the simplified two degrees of freedom linear
model and the simplified two degrees of freedom linear model with the non-linear one, the non-linear
Simpack model is compared with the non-linear two degrees of freedom model. As mentioned in the
introduction of this chapter, the validation of the two degrees of freedom model with respect to the
Simpack multibody model is very important since it allows to use a yet accurate for the HIL tests. In
fact, the Simpack model is a very complicated model and it cannot run in real-time applications.

Figure 5.14 and Figure 5.15 show the comparison of the two models considering the vehicle running
on an irregular track at speed 240 and 300 km/h respectively. Although the two degrees of freedom
model is a very simple model, the agreement with the Simpack multibody model can be considered
quite good. In particular there is a good matching of the two models in terms of predicting a stable
running of the vehicle at 240 km/h (wheelset displacement only occasionally exceed 6 mm, no limit
cycle visible) to unstable running at 300 km/h as can be observed from the formation of a limit cycle
of oscillation with amplitude of wheelset displacement of 6-7 mm corresponding to flange contact.
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Figure 5.14 Comparison between two degrees of freedom model and Simpack multibody model, lateral wheelset
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Figure 5.15 Comparison between two degrees of freedom model and Simpack multibody model, lateral wheelset

displacement at 300 km/h (unstable condition).

89



Chapter 5

Finally, in order to have further confirmation of the good quality of the two results, a time domain
analysis starting from an initial condition of lateral displacement and yaw rotation of the bogie at
different velocities has been performed. Figure 5.16, Figure 5.17 and Figure 5.18 show the
comparison of the time response of the two different model respectively at 220 km/h, 285 km/h and
320 km/h. As it is possible to notice, at very relatively speed both of the time responses show a
decaying oscillation (Figure 5.16) even if the Simpack one is more damped than the other, but as
mentioned before, this different behavior can be justified by the different number of degrees of
freedom of the two models and the simplifications used for the two degrees of freedom one. At 285
km/h (Figure 5.17) in both models a with small amplitude appears for both models. The amplitude
of the limit cycle being similar in the two cases and not large enough to produce flange contact. At
320 km/h (Figure 5.18) for both model it is possible to see a fully developed limit cycle with an
amplitude of £6 mm, that means that flange contact occurs at each oscillation. Based on these
considerations, it can be concluded that also this analysis confirms the goodness of the simplifications
made and the similarity between the multibody Simpack model and the non-linear two degrees of
freedom model.

Lateral displacement of the wheelset - comparison at 220 km/h

[ l [ [
Simpack model —
2-dof non-linear model

N
—
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Lateral displacement [mm]
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Time [s]

Figure 5.16 Comparison between the two models for lateral displacement of the wheelset at 220 km/h (lower than the
critical velocity).
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Lateral displacement of the wheelset - comparison at 285 km/h
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Figure 5.17 Comparison between the two models for lateral displacement of the wheelset at 285 km/h (approximately the
linear critical velocity).

Lateral displacement of the wheelset - comparison at 320 km/h
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Figure 5.18 Comparison between the two models for lateral displacement of the wheelset at 320 km/h (higher than the

critical velocity).
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5.4 HIL experimental tests

In this section the HIL experimental tests will be presented and discussed. The focus will be on the
results obtained with the two different control logics presented in paragraph 3.2.1, analysing the
advantages and disadvantages for each one of the two. It is worth to notice that the semi-active yaw
damper used in the HIL tests is not exactly the same as the one introduced in the paragraph 3.3 and
for this reason it is not possible to have an exact quantitative comparison between the two results.
However, it still can be interesting and useful to have a qualitative comparison between the ideal
mathematical model and the real physical model in order to understand which are the practical
aspects that appear in the real case and that are neglected and not taken into account during the
numerical simulations.

5.4.1 Results of HIL tests with MPPT control strategy

In order to see the benefits of the MPPT control logic on the stability and dynamics performance of
the railway vehicle, the experimental HIL tests are performed in the following way. First of all, a
fixed value of speed of the vehicle is imposed. This value has to be sufficiently large to be sure that
the vehicle becomes unstable after a perturbation is applied. In the first part of the tests, before
switching on the track-irregularity since the bogie is not subjected to any perturbation, it just going
straight without increasing neither the lateral acceleration nor the lateral wheelset displacement.
Then, the track-irregularities are switched on and their effect is introduced in the real time model
which is run on the DSpace board. In this phase, it is decided to deliberately start with the valve fully
open, so the amount of damping is limited and the bogie has a low critical speed. After track
irregularity is switched on, the behavior of the system is observed in terms of the oscillation of the
bogie and reaction of the control board. It is expected that the control strategy succeeds with bringing
back the bogie to a stable running behavior.

In the figures that will be used to present the results of the tests the time-history of four main
quantities are shown. In particular will be considered the lateral acceleration of the bogie taken from
the accelerometer signal placed on the tip of the hydraulic actuator, the wheelset displacement that
is obtained by a virtual sensor generated from the DSpace board, the force of the semi-active yaw
damper taken from the internal pressure sensors of the damper itself, and the valve opening command
in the range of 0-100%.

In Figure 5.19 is presented the results of the test in which the weight of the force contribution of the
cost function J is set to zero. After the onset of instability, the control board implementing the MPPT
algorithm reacts to the unstable behavior of the bogie and sends a command to progressively close
the proportional valve. Since this control strategy is not trying to minimize the force but just the
lateral vibration, then, once the valve is sufficiently close, there is no reason for the controller to
reopen it. So, it remains more or less at the same opening condition of the remaining part of the test.
In fact, the controller is simple trying to minimize the lateral acceleration of the bogie and the best
way is to stay at this opening valve condition, with a low vale of the valve opening command.
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Figure 5.19 Result of HIL test with MPPT control strategy at 260 km/h, with zero value of the weight of the force in the
definition of the cost function J and starting from fully open valve (80%).

In order to confirm the analysis done so far, it is possible to repeat the same test as before but starting
from lower value of the valve opening command, that means valve almost fully closed. In this case
the vehicle model is stable and the lateral acceleration value for the bogie is low as can be seen from
Figure 5.21. According to this control logic, there is no need to re-open the valve since this should
only lead to an increase of the lateral acceleration which is exactly what the control logic is trying to

avoid.
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Figure 5.20 Result of HIL test with MPPT control strategy at 260 km/h, with zero value of the weight of the force in the
definition of the cost function J and starting from closed valve (20%).

Figure 5.21 shows the results of a test performed at the same speed, considering a non-zero weight
for the RMS of the force. In this case, after the instability is suppressed and the RMS of the bogie
acceleration is reduced, the controller attempts to reduce the force generated by the damper, partially
re-opening the valve. In the final part of the test, a constant intermediate opening value is reached

which is still capable of ensuring the stable running of the bogie.
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Figure 5.21 Result of HIL test with MPPT control strategy at 260 km/h, with the aim of minimizing both the lateral
acceleration and the yaw damper force, starting from fully open valve (80%).

Figure 5.22 compares the time-history of the valve opening for the two tests performed with different
weights of functional J. It is observed that in the initial phase of the test the controller reacts to the
onset of instability in the same way for the two cases, but in the final part of the test the behavior is

different and only if the RMS of the force is considered in the functional J the controller attempts to
re-open the valve.
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Figure 5.22 Comparison between the valve opening command obtained from the two different MPPT control strategies.

This type of control strategy was subsequently tested for different values of initial speed of the
vehicle up to 380 km/h and it is working at all used speeds. It is possible to conclude that with this
configuration of the semi-active yaw damper there is virtually no speed at which the vehicle may
become unstable. This is due to the fact that if the valve is fully closed (valve opening command is
around 20%) the damper becomes very stiff and there is no chance for instability to take place. The
negative aspect of this situation is that if the damper becomes very stiff, a lot of transmission of
vibrations from the bogie to the carbody can be expected.

5.4.2 Results of HIL tests with sky-hook control strategy

In order to evaluate the performances of the sky-hook control, HIL tests are performed in the same
way as done for the MPPT control strategy. Tests are performed considering a constant value of
vehicle speed. This value has to be sufficiently large to be sure that the vehicle becomes unstable
after a perturbation is applied. In the first part of the tests, before switching on the track-irregularity
since the bogie is not subjected to any perturbation, no appreciable lateral movement takes place, as
visible in the time histories of the lateral acceleration and lateral wheelset displacement. Then, the
track-irregularities are switched on and their effect is introduced in the real time model. After track
irregularity is switched on, the behavior of the system is observed in terms of the oscillation of the
bogie and reaction of the controller.
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The results of the tests considering the two different types of sky-hook control logic, on/off sky-hook
and continuous sky-hook, are presented in Figure 5.23 and Figure 5.24, respectively. Contrary to the
results obtained with the MPPT control logic, in this case the sky-hook control strategy does not lead
to any appreciable improvements regarding the stability of the bogie. As a matter of fact, the lateral
displacement of the wheelset undergoes an oscillation with amplitude in the range of 6 mm and also
the lateral acceleration does not show any significant reduction for the remaining part of the test.
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Figure 5.23 Result of HIL test with on/off sky-hook control strategy at 260 km/h.

97



Chapter 5

Lateral acceleration
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Figure 5.24 Result of HIL test with continuous sky-hook control strategy at 260 km/h.

The main reason for the failure of the sky-hook control logic (in both on/off and continuous versions)
is the need to have a very fast dynamics of valve opening and closing. As can be observed from a
zoom of the time history of the valve opening command for the on/off sky-hook (Figure 5.25), the
measure of the valve command does not switch instantaneously between the maximum and the
minimum value as provided by the control algorithm and instead the actual time history of the
command shows a sequence of non-oscillatory transients with time constant in the order of 0.1-0.2
seconds, which is a time duration of the same order of magnitude as the period of the hunting

oscillation of the bogie.
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Figure 5.25 Zoom of the valve opening command for on/off sky-hook control strategy

This fact can be better explained considering a single variation between the fully closed to the fully
open configuration of the valve. The upper part of Figure 5.26 shows the time history of the input
voltage command, whilst the lower subfigure shows the time history of the current fed in the
proportional vale. This latter quantity was measured using a current clamp and is the electrical signal
available in the test which is more directly related to the opening of the valve. It is possible to observe
that the switching of the command in terms of voltage applied to the valve is nearly instantaneous,
in fact, the duty cycle immediately changes in correspondence of 43.2 seconds. On the contrary, the
current that feed the valve needs 50 ms at least before reaching the steady state condition.

Based on the results presented in this sub-section, it shall be concluded that the proportional valve
used in the tested semi-active damper prototype is not fast enough to enable the use of a sky-hook
control strategy. This conclusion is different from the one drawn from multi-body simulations about
the suitability of the sky-hook strategy for the semi-active damper, but it has to be considered that in
the multibody model the assumption was made of using a fast servo-valve (see the considerations
about the possibility to neglect the dynamics of the servo-valve reported in Chapter 3) whilst the
actual valve used in the prototype damper subjected to the HIL tests clearly has a much more limited
pass-band.

99



Chapter 5

Voltage command

il . M

w
o

N
o

Voltage command [V]
=

|
O'J ———4 I.Jn'. I.JI.J, L Ly Ty T
-10 I
43.15 43.2 43.25 43.3
Time [s]
Valve current
1.5
%‘ Switching of the command
5 — 15
= |
T A
AT SRR R,
1
403.15 43.2 43.25 43.3

Time [s]

Figure 5.26 Voltage command and valve current variation from fully closed to fully open configuration of the valve.
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Chapter 6 Conclusions

In this thesis work, the development and the implementation of full-active and semi-active yaw
dampers for improving the running stability of a high-speed train have been investigated. In order to
deal with this problem, firstly a general dimensioning of an active and semi-active hydraulic yaw
damper was performed. Subsequently, proper control logics for the semi-active and full-active
solution were defined and implemented in Simulink environment. The control strategies were then
validated through multibody numerical simulations and, for the semi-active solution, also by means
of experimental tests based on the HIL concept thanks to a HIL test rig for yaw dampers this is a
novel contribution of this thesis. The HIL test rig makes use of a simplified two degrees of freedom
model of the railway bogie which is simple enough to enable real-time simulation but was proven in
the thesis to be able to reproduce the lateral dynamics of the bogie to the degree of accuracy required
by HIL tests.

An assessment of the semi-active and full-active solutions proposed in the thesis was achieved based
on the results of multi-body simulations. As could be expected, the performances of the full-active
concept are superior compared to the semi-active solution. However, it is worth to notice that the
full-active solution is affected by some negative aspects. As a matter of fact, considering a full-active
yaw damper means that an on-board pump system with high- and low-pressure circuits has to be
considered. Moreover, also the issue related to the damping force could be relevant in case of full-
active option. In fact, the forces obtained with the full-active solution are greater than the once
obtained with the semi-active solutions, and this means that also the dimensions of the full-active
yaw damper have to be greater than the dimensions of the semi-active one. Since the forces of the
full-active solution are greater than the semi-active ones, then, probably, transmission of vibration to
the carbody has to be considered.

Again, from the results of multi-body simulations it can be concluded that the semi-active is able to
significantly improve the critical speed with respect to the passive solution, despite providing a
slightly lower critical speed of the vehicle compared to the full-active solution. Moreover, the semi-
active solution provides the possibility to adapt the damping force transmitted to the bogie to different
running conditions, such as different running speed of the vehicle or different wheel/rail conicity
arising from changes in the wheel/rail profiles.

From the control logics point of view, the multibody numerical simulations show that the two control
strategies proposed for the semi-active solution have more or less the same impact on increasing the
critical speed of the vehicle. The important difference between the two control strategies is how the
valve opening command reacts to the bogie lateral displacement. In fact, the MPPT control logic is
a relatively slow control logic since it changes the opening of the by-pass control valve at discrete
time intervals in the order of one second. On the contrary, the sky-hook solution works with a
continuous change of the valve opening using very short time interval. This difference between the
two control strategies are underlined especially from the results of the HIL tests. The sky-hook
solution with its fast valve opening is significantly affected by the dynamic response of the by-pass
valve. In fact, the opening valve does not follow exactly the opening valve command outputting from
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the control logic algorithm and shows instead an intrinsic delay that eventually leads to a substantial
degradation of the performance of this control strategy.

Future extensions of this work might consist of considering different control strategies for the semi-
active and/or active damper, e.g. building on the MPPT but improving the capability to reduce the
damping force when the vehicle is running well below the critical speed or considering state feedback
strategies such as LQG or H,,. Furthermore, for a full-active solution it would be interesting to add
a vibration propagation analysis to the carbody and investigate the effect of failures in the yaw
damper on the safe operation of the vehicle.
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