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1. Introduction

More and more in the following years, renew-
able energy sources will play an increased role
in the energy mix for Europe and for the en-
tire world. The European Union (EU) has set
different targets and plans to reduce greenhouse
gas emissions by 55% by 2030 and to become
the first climate-neutral continent by 2050 [1].
In order to make this possible, the share of re-
newable sources in the energy mix has to be in-
creased. The natural variability of these type of
source has to be accompanied with an increased
number of storage systems, with the target of
200 GW by 2030 and 600 GW by 2050.

Energy storage systems differ by the power size,
discharge time and efficiency. Some systems
are more suitable to provide temporary peak
power, while others are more adapt for covering
the baseline demand, due to the increased dis-
charge time. Another way to characterise this
type of system is its efficiency of a storage sys-
tem. It is defined as the ratio between the energy
discharged and the energy accumulated during
charge. It is called the Round Trip Efficiency
(RTE):

(1)

A developing storage system that operates for
large powers, with a discharge time in the order

ch

of hours, is Pumped Thermal Energy Storage
(PTES). This system operates via a closed re-
versible Brayton cycle. During charge, it acts
as a heat pump, transferring heat from a cold
storage to a hot one, while during discharge it
uses the heat accumulated to run a turbine and
generate electricity.

An ideal Brayton cycle is completely reversible,
as shown in Figure 1.
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Figure 1: Ideal reversible Brayton cycle.

This is a captivating feature of this type of plant,
because it means that ideally RTE is equal to 1.
However, when considering a real cycle, pressure
losses in the heat exchangers and turbomachin-
ery irreversibilities are present and forces the di-
rect and reverse cycle to differ.

An example of the real cycles for charge and



discharge is shown in Figure 2.
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Figure 2: Real Brayton charge and discharge cy-
cles.

The pressure ratio of discharge mode is higher
than the one of charge mode, and the discharge
cycle presents two heat rejections to discharge
the heat from the irreversibilities [2].

The driving factor in energy storage systems is,
as Laughlin stated, "safety, low cost and high ef-
ficiency, in this order" [3]. This type of technol-
ogy does not introduce safety issues that are not
known, since it utilises well-proven components,
such as turbomachinery and heat exchangers. A
way to reduce a big part of the costs [4] is to
exploit the (quasi) symmetry of the two thermo-
dynamic cycles to use reversible turbomachinery
that carry out the compressions and expansions.
In this way, the plant is considerably simplified
and the cost for only two machines has to be
sustained.

However, having the same geometry for both op-
erating modes presents some challenges.

First of all the thermodynamic operating condi-
tions are not the same, as already stated, there-
fore a different amount of work is exchanged for
the two modes. This means that a different den-
sity variation throughout the machine is experi-
enced. The density variation should be matched
by the changes in the passage height to keep the
axial velocity constant. Since this variation is
not the same between compressor and turbine
mode, one of the two cannot have constant axial
velocity and therefore repeating stages. More-
over, different axial velocity means that one of
the two modes operates with incidence angles
different that the design ones. [2] [5]

Aim of this work is to design a machine that op-
timises both compressor and turbine mode. It
is decided to develop a code based on a mean-

line approach for the calculations of the thermo-
fluidynamic parameters. Compressor mode, be-
ing more sensible to incidence angle variation,
is designed at its optimum condition, and us-
ing a repeated stages approach. Turbine mode,
instead, is analysed, running the geometry ob-
tained from the compressor code backwards to
calculate its performances. These calculations
are integrated with high-fidelity computational
fluid dynamics (CFD) to validate the model and
to analyse the flow field. Finally, if the mean-
line model is accurate, the codes are coupled
with an optimisation routine, which is able to
find the geometry that maximises both function-
ing modes. The maximisation is not intended in
terms of single machine 7;5, but in terms of RTE
of the whole plant.

Two types of machine architectures are consid-
ered, one composed by only rotors and stators,
using repeated stages for the middle ones. The
other substitutes first and last stage of the pre-
vious architecture with guide vanes. This choice
simplifies the design, since only repeating stages
are present. The comparison allows to study if
a kind of architecture is more suitable for this
kind of application.

The machines performance are calculated us-
ing either nitrogen Na or argon Ar. Ar, being
monoatomic, has a higher capacity ratio v than
N>. This means that the same temperature ra-
tio can be achieved with a lower pressure ratio,
therefore a lower number of stages Ng for Ar,
as shown in Figure 3
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Figure 3: Number of stages vs temperature ratio
comparison for Ny and Ar.

However, the heat exchanger would be more



costly because Ar is a monoatomic gas, there-
fore it is still unclear which fluid would be more
appropriate for PTES and both deserve to be
investigated.

2. Meanline Analysis

Two codes are developed, one for the compres-
sor mode, the other for the turbine mode. As
said, the compressor one is a design code, which
generates the geometry starting from input pa-
rameters, such as adimensional coefficients, ther-
modynamic boundary conditions and geometri-
cal parameters. The turbine code, instead, is
an analysis code, it takes as input the geome-
try from the compressor and run it backwards
to calculate the performance.
The input parameters for the compressor code
are:

® Pri,, Trin and Proy;

e flow coefficient ¢ for first, middle and last
stage
work coefficient A for first and last stage
reaction degree x for first and last stage
mean diameter D,,
solidity o for all the cascades
chord Reynolds number Re, for all the cas-
cades
mass flow rate m

e number of stages Ny
The code is being written in order to run with
general equations of state, which are not lim-
ited to the type of fluid. Fluid properties are
calculated through CoolProp library, which im-
plements state of the art equations of state for
characterizing the fluid behaviour.
The code starts from the inlet station and then
progresses throughout the machine to calculate
thermo-fluidynamic properties at each succes-
sive station. For every calculation step, the
quantities calculated have to respect the fluidy-
namic (in terms of velocity triangles), the ther-
modynamic (in terms of entropy generated from
the losses) and mass conservation. A while loop
is performed until the difference between a cho-
sen quantity (entropy) for two consecutive iter-
ations is under a given absolute tolerance.
The meanline code reliability depends on the ac-
curacy of loss and angle correlations, i.e. opti-
mal incidence ¢, and deviation angle 6.
Compressor losses are taken from Aungier [6],
who revised existing correlations. They are split

in different contributions:

e profile losses Wyof

e secondary flow losses wWgec

o end-wall losses Weq

e tip-clearance losses wy;p
Shock-losses are not accounted for due to the
low-loading nature of this application. Losses
are defined in terms of total pressure loss with
respect to the inlet kinetic energy, in the frame
of reference of the cascade of interest:

P;;zn 7P;out (2)
Tin [
iopt and § are taken as well from Aungier [6].
After completing the calculations, the flow is dis-
tributed along the radial coordinate using a free-
vortex approach, assuming ideal radial equilib-
rium. The flow deflections € are checked with
the Howell’s limit along the whole span.
The last step is the blade geometry creation:
starting from the flow angles, the blade angles
are calculated using 7,y and ¢ and chord c is
obtained from the target Re.. The blade profile
chosen is the double circular arc (DCA), which
is symmetric, therefore suitable for both flow di-
rections.
Turbine code takes as input only Pp;,, 17, and
m. It analyses the flow, given the compressor
geometry taken in the opposite direction.
Turbine losses are taken from Aungier |7] and
split in different contribution:

e profile losses Wyyo ¢

e trailing-edge losses wrp

e secondary-flow losses wWgee

e tip-clearance losses wy;p
As for compressors, shock losses are not consid-
ered.
d correlation is taken from Aungier [7] as well.
In order to trust the meanline codes, they have
to be validated, comparing them with high-
fidelity CFD simulations. Once they can be
trusted, they can be coupled with an optimisa-
tion routine to find the machine that maximises
the functioning for both ways of operation.
The validation is performed with the rotors and
stators machine, since different type of stages
are represented. The machine used presents not
excessive loading (A < 0.4) and it is composed
by only three stages, in order to avoid the rep-
etition of the middle stages. The adimensional
input parameters are shown in Table 1.
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Table 1: Input values for the preliminary per-
formance prediction.

Stage Row ¢ A X o Re,
R 1.2 4.5e5

1 S 055 04 0.85 1 Ao
R

2 g 062 / 05 125 455
R 1 4.3e5

3 S 0.62 0.22 0.68 19 4365

Prp;, is chosen as 2 bar, T;, as 300K and Prqyt
as 2.65. In this way Bpr is of 1.325, meaning
an average [ for every stage of 1.098. The mean
diameter D,, is chosen as 1080 mm and work-
ing fluid is air. A for the repeated stages resulted
0.333. The validation is first performed on quasi-
3D simulations of a single blade to analyse the
midspan fluidynamic, then on of the whole ma-
chine, to account for 3D effects, such as tip clear-
ance and secondary flows.

Quasi-3D simulations were performed simulat-
ing only a blade slab at midspan, in order to
verify the fluidynamic. The limits in radial di-
rection followed the change in passage height of
the full blade, in order to match the meridional
velocity. An example for the mesh of a single
blade is shown in Figure 4.

t.

Figure 4: Mesh example for a single compressor
rotor blade.

2D simulations could not be performed, since
the meshing software (Turbogrid) forces to have
at least two elements in radial direction. That
is the reason because it is chosen a quasi-3D ap-
proach, forcing the streamtube width by using
free-slip condition on the faces perpendicular to
the radial direction.

It is chosen to simulate the second rotor blade,
being a simpler cascade, having xy = 0.5. The
number of elements resulted from grid indepen-
dency was of 100 000, which means only the half,
50000 in the blade-to-blade plane.

The simulation resulted accurate, with an error

on the thermo-fluidynamic quantities lower than
5%.

Simulations of the whole machine required the
discretisation on the radial coordinate, which
has to account for boundary layer effects and
tip clearance. The number of cells for a single
blade increase to about 2000 000.

In this case, the meanline code predicted well
the fluidynamic until the second stator, where
an error in the calculation of the deviation angle
resulted in non-accuracy of the flow characteris-
tics also for the successive cascades. This effect
is depicted in Figure 5.

Figure 5: Separation zone for the second stator

Nevertheless, Pro,: and ;s resulted, respec-
tively, 262 055 Pa and 90.5%, both matching the
meanline code with a percentage error of the 1%.
Turbine is then analysed as well, reversing the
direction of the flow. In this case, the flu-
idynamic was not matched starting from the
first cascade. The effect of the negative inci-
dence present could not be accurately predicted
by the meanline correlations for what concerns
both thermodynamic and fluidynamic quanti-
ties. The negative incidence present due to the
effects explained in section 1 is enhanced by the
lower deviation angle for turbines with respect to
compressors. Blades are designed for compres-
sor deviation angle, but the lower one of turbines
makes the flow more tangential. A graphic rep-
resentation can be seen in Figure 6
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Figure 6: Velocity triangles for compressor and
turbine mode

All these considerations, however, seemed not
to be relevant when simulating the cascade using
CFD, as can be seen in Figure 7, which represent
the streamlines for the 3D simulation taken at
midspan.

Figure 7: Streamlines for turbine mode.

meanline results means that the latter cannot be
used to predict accurately the machine perfor-
mance. Therefore only the compressor meanline
code will be used in conjunction with an opti-
misation routine, to obtain the final machines.
The turbine mode is only analysed through CFD
simulations.

3. Optimisation

Since only the compressor code is resulted reli-
able, the optimisation is performed solely look-
ing at its performance. The optimisation tar-
get, therefore, is not RTE, but compressor 7;s.
The turbine mode is only analysed through high-
fidelity 3D CFD simulations.

It is chosen to use the differential evolution (DE)
algorithm for the optimisation routine. The
main reason is the fact that DE does not require
the problem to be differentiable or even contin-
uous. Moreover, in contrast to gradient-based
methods, DE avoids being trapped in local min-
imums. The algorithm tries different compres-
sor designs, changing the input parameters of
the meanline code (from now on referred to as
optimisation variables) to find the optimal ma-
chine in terms of efficiency. Optimisation vari-
ables are the adimensional coefficients and geo-
metrical parameters, while the thermodynamic
boundary conditions are taken from an in-house
code. The objective function ;s is lowered with
some penalties in case of impossible designs or
not wanted features, for example Howell limit on
deflection not respected or A too high. The op-
timisation is carried out for both compressor in
charge mode (CC) and compressor in discharge
mode (CD), for both architectures, and for both
the working fluids chosen.

The full data for the four compressors are re-
ported in Table 2.

Table 2: Input parameters for the 4 machines
design optimisations.

.8 2 ? o o Input Ny, CC Ny, CD Ar CC Ar CD
S E— Pro, [par] 339 3.19 481  4.53
Trin |K] 32793  -10.07  328.18 -4.42
No particular effect of the incidence angle is vis- Prout [bar] 10 10.63 10 10.63
ible, in fact CFD simulation reported a value of m [@] 55 55 110.68  110.68
nis of 94.3% with respect to 87.6% of the mean- §
line code. Nt [ 12 12 8 8

The significant mismatch between CFD and



The target power in charge is 10 MW. As ex-
plained before, g for Ar is lower, for charge mode
it is of 2.08, while for Ny is 2.95. For discharge
mode it is 2.35 instead of 3.33. On the other
hand, due to the lower heat capacity of Ar,
needed to match the power is higher. It is cho-
sen a Bt of around 1.1 per stage, resulting in 8
stages for Ar and 12 for Ns.

Results of the rotors and stators machine are
shown in Table 3.

Table 3: Optimisation results for the rotors and
stators machine.

Param. N, CC N, CD Ar CC Ar CD
D [mm| | 1268 1345 1255
b1 / 0.51 0.45 0.33
0% / 0.55 0.59 0.53
bn / 0.71 0.73 0.75
X1 / 0.85 0.87 0.87
Xn / 0.60 0.60 0.58
A1 / 0.43 0.37 0.31
An / 0.20 0.21 0.20
o1 / 1.13 1.16 1.07
o / 1.14 1.04 1.07
o / 1.17 1.19 1.11
Ton_1 / 1.12 1.07 1.03
Oon / 1.19 1.18 1.20
Nis / 0.82 0.89 0.83

For the rotors and stators machine, the optimi-
sation of CC with Ny could not find an opti-
mum after 4 days of calculations, therefore it
was stopped and not considered. The other op-
timisations required about 2 days to find the so-
lution. All the machines had their efficiency pe-
nalised by the first stator not increasing the pres-
sure. This is due to the fact that the acceleration
of the flow due to the axial velocity imposed by ¢
of the repeated stages compensated the increase
of pressure due to the blade deflection. More-
over, it presented a reduced thickness-to-chord
ratio, which in the case of the CD for Ar is be-
low 5%. This can be a problem for the structural
integrity of the blade.

The optimal D,, is a trade-off between the
deflection and blade height: a lower D,, in-
creases the deflection needed and therefore the
profile losses, while a higher D,, lowers the
blade height for the same 1, increasing end-wall
losses. Moreover, due to the high D,,, the blade

height was low, with a maximum value of —

of 0.043 at the inlet of Ar CC. "
The results for the machine with guide vanes are
reported in Table 4.

Table 4: Optimisation results for the machine
with guide vanes.

Param. N, CC N, CD Ar CC Ar CD
Dy, [mm| 1775.1 1306.34 1386 1301.12
¢ 0.4249 0.4239 0.467 0.456
o1V 1.11 1.08 1.05 1.09
;i 1.12 1.02 1.2 1
ocoav 1.895 1.96 1.89 1.99
Nis 0.867 0.849 0.896 0.84

The optimisations for the machines with guide
vanes required only about 10 hours, due to the
reduced number of optimisation variables. The
results are similar to the one for the rotors and
stators machine. However, no designs was sub-
ject to any penalty, emphasising the simpler de-
sign. Moreover, 7;s resulted higher than the pre-
vious architecture, therefore the turbine mode is
analysed only for the machines with guide vanes.

4. CFD Analysis

Once the geometries for the different machines
are obtained, the turbine mode can be analysed
through high-fidelity CFD simulations. The
blade discretisation for grid independency re-
sulted in around 2000000 cells per cascade, but
due to memory limit, the total number of cells
for the entire machine has to be kept at around
10000 000.

The boundary conditions for turbine in charge
mode (TC) and for the turbine in discharge
mode (TD), along with the target Spp are shown
in Table 5.

Table 5: Boundary conditions for turbine CFD
simulations.

BC N, TC N, TD Ar TC Ar TD
Prin [bar]  9.604 10 9.604 10

Trin [K]  333.176 813.762 333.386 813.246
h [k;g] 55 55 110.68  110.68
Brr 2.72 295 1917  2.079
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Machines are simulated using the same 1 as the
compressor counterpart.

The meanline prediction of the negative inci-
dence accumulating cascade over cascade was
correct, as depicted in Figure 8. The incidence
on the OGYV is positive due to the opposite cur-
vature with respect to the stators.

Figure 8: Streamlines for Ar TD.
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The other simulations present similar fluidy-
namic results, therefore it is shown only the rep-
resentation of TD for Ar.

The incidence angle along the machines is shown
in Figure 9.
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Figure 9: Incidence angle trend for both turbines
with both working fluids.

Incidence angle on the OGV is 14.4° for the Ar
TC and 14.9° for the Ar TD.

This has the consequence of making some of the
rotor rows act as compressors: incidence is so
negative that the tangential velocity at the inlet
of a cascade is greater than the one at the out-
let, increasing Pr. This effect is visible in the A
trend for the stages, as represented in Figure 10.
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Figure 10: Work Coefficient trend for both tur-
bines with both working fluids.
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Figure 10: Work Coefficient trend for both tur-
bines with both working fluids.

The situation is better for TD, since more stages
are able to expand the flow.

This resulted in the Pr to be almost the same
between inlet and outlet for TC, while TD is
able to expand the flow, still not reaching the
target Proyt-

The trend in Pr can be seen in Figure 11.
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Figure 11: Total Pressure trend for both tur-
bines with both working fluids.

Pr at the inlet of the OGV is1 007920 Pa for
the Ar TC and 800 155 Pa for the Ar TD, while

Prou: is 962834 Pa for the Ar TC and 779 833
Pa for the Ar TD.

Pr increases for rotor rows, due to the effect
explained earlier and decreases in stator rows,
due to the total pressure loss. Trend of the total
pressure loss @ is depicted in Figure 12.
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Figure 12: Total Pressure Loss trend for both
turbines with both working fluids.

@ for OGV is 0.4533 for the Ar TC and 0.3874
for the Ar TD.

Losses present an increasing trend, as expected
for the increasing incidence angle.

No machine could expand the fluid as required.
Proy: for TC is almost the same as Pr;, be-
cause of its increase in rotor rows due to work
exchanged and decrease in stator rows due to to-
tal pressure losses. For TD the situation is less
critical, with all the rotors expanding the flow
for Ar. For N3 only the first 7 rotors are able to
expand the flow. Nevertheless, the correct Proy:
is not matched even in these cases. For TD Ar it
is 7.79 bar compared to the theoretical 4.81 bar,
while for TD N, it is 8.31 bar compared to 3.389
bar. However, in relative terms, the Ar machine
reached 62% of the theoretical Spp, while the
N3 machine only the 40%.

Overall, the two working fluids present a simi-
lar trend in all the quantities represented here.
Both TC start to pressurise the flow at the third



rotor. This means that almost half of the stages
for Ar act as turbine, while only a third for Vs.
For both machines, Ar has also lower total pres-
sure losses.

D,, for Ar and Ny TC is similar (respectively
1301 mm vs 1306 mm), while it is different for
TD (respectively 1775 mm vs 1386 mm). This
causes the A to be lower and both M and M, to
be higher for TD Njy. For TC X is similar, while
M and M, present opposite trend: the Ar one
is higher.

All these considerations are in favour of choosing
Ar as working fluid when aiming at reversible
turbomachinery: higher S, higher percentage
of stages expanding the flow and lower losses.
In order to choose the working fluid, however,
other considerations, such as the cost of the heat
exchangers should be considered.

A way to improve the negative incidence angle
is to increase m. However, this is not trivial. A
higher mass flow rate for discharge mode (mip)
with respect to the charge mode one (mi¢) may
be considered. By doing so, when operating in
charge mode, the compressor is designed for the
required mic, while the turbine is the reversed
CD, which is designed for mip > mic. This
means that TC has the geometry optimised for
mp, but it operates with lower rh. This would
increase the negative incidence problem. The
opposite happens if mi¢c is higher than mip.

5. Conclusions

A new methodology to design and analyse re-
versible axial turbomachinery for the application
on a closed Brayton cycle has been proposed.
The main peculiarity of this kind of machine is
that either compressor or turbine mode cannot
operate at their optimum condition, due to dif-
ferent work exchanged and therefore different in-
cidence angle.

Being a closed cycle, there is the advantage of
choosing the working fluid to operate with. Two
fluids were compared: Ny and Ar. Ar allows to
reduce the number of stages, while Ny decreases
the costs for the heat exchangers.

The design methodology used was to predict
both operating modes functioning by develop-
ing a code base on a meanline approach. In this
way, the calculations could be coupled with an
optimisation routine, in order to find the geom-
etry that maximises the RTE.

Two codes were developed, one for compressor
mode, designing at its optimum conditions and
one for turbine mode, analysing the compres-
sor geometry reversing the flow direction. This
choice is made since compressor functioning is
more influenced by variation in the incidence
angle. The codes exploit specific correlations for
compressor and turbines in order to calculate to-
tal pressure losses, optimal incidence angle and
deviation angle.

The codes could be coupled with the optimiser
only if they resulted accurate when compared
to high-fidelity CFD simulations. Comparisons
were carried out and it resulted that only the
compressor code resulted accurate, since it was
able to match the outlet total pressure and 7
with reasonable accuracy (Pryy: obtained was
of 262055 Pa, compared to 265000 Pa of the
meanline code, and 7;, was 90.5% compared to
88.6%). Turbine code, instead resulted very in-
accurate, showing a complete mismatch of both
Prout (209753 Pa of the simulation vs 186060
Pa of the code) and 7;s (94.3% of the simulation
vs 87.6%of the code). The significant mismatch
is due to the negative incidence angle present,
which effects are not well predicted by the code.
In particular, deviation angle correlation does
not depend on the incidence angle, but only on
geometrical parameters, therefore is not able to
predict accurately the actual behaviour.

Two architectures were compared: one com-
posed by only rotors and stators, the other with
guide vanes at inlet and at the outlet. Due to
the low reliability of the turbine code, no guide
vane rotations are implemented.

The two optimised machines provided compa-
rable efficiencies, but the design of the one with
guide vanes was not affected by design criticality.
In particular, the machine composed by rotors
and stators present reduced blade thickness and
decreasing pressure across the first stator. 7;, for
the machines with guide vanes are of 86.7% for
N> and 89.9% for Ar in charge mode, while for
discharge mode they are 84.9% for Ny and 84.0%
for Ar. This architecture was the one chosen for
analysing turbine mode.

As predicted, turbines cascade showed increas-
ing negative incidence angles. Because of this,
not only the target outlet pressure could not
be reached, but some rotor rows acted as com-
pressor cascades during the turbine mode opera-



tion. Nevertheless, Ar machine provided better
results in terms of expansion ratio and incidence
angle, showing more promising results.

5.1

. Future Works

This work was the starting point for designing
reversible axial turbomachinery. There are dif-
ferent paths that can be pursued in order to im-
prove the design method for this kind of ma-
chines:

improve the meanline analysis code predic-
tions by improving turbine losses and de-
viation correlations. In particular, there is
the necessity of including the influence of
the incidence angle on the deviation angle.
By doing so, also the turbine code could be
coupled together with the compressor one
for the optimisation routine, therefore max-
imising RTE, and not the single machine
efficiency

accounting for spanwise evolution at the
meanline level. Flow calculations are per-
formed using a meanline approach, but
more accurate results could be obtained by
including three-dimensional effects, such as
solving the non-isoentropic radial equilib-
rium for the spanwise distribution of prop-
erties

different design strategy. Operating the
compressor at its optimum design point
made the turbine work with strong nega-
tive incidence. A different spanwise design
from the free-vortex method can be also en-
visaged

evaluate the benefits of employing rotating
IGV for turbine mode, in order to obtain
design incidence angle on the first stator.
consider different rotational speeds for the
two operating modes, with the aim of miti-
gating the negative effects.
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