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Abstract

The railway industry has been moving towards lighter rolling stock, a trend that brings
many benefits such as reduced energy consumption, lower manufacturing costs, and de-
creased wear on both tracks and wheelsets. However, using less material usually increases
flexibility, which leads to higher structural vibrations. These vibrations, when affecting
the vehicle carbody, can cause significant passenger discomfort, especially when occuring
at frequencies below 20 Hz, and fully passive suspensions are not able to effectively miti-
gate them. In this work, semi-active dampers are implemented using two different control
strategies aimed at reducing carbody bending vibrations caused by a coupling effect with
bogie rigid displacement, specifically in the pitch direction. The main focus is on assessing
the robustness of the control strategies in maintaining good vibration mitigation perfor-
mance even under variations in model parameters, such as an increase in carbody mass.
The two strategies analyzed are the Skyhook and H4 controls, which are compared with
each other and with a passive vehicle used as a baseline. The H4 controller is designed
using a simplified linear 7-DOF model of the railway vehicle, and robustness analysis is
performed using a three-dimensional flexible multibody system (FMBS) integrated with
a finite element model of the flexible carbody to capture more detailed vibrational be-
havior, highlighting the effect of modelling errors. The MR damper is modeled using
a Bouc-Wen model to account for its hysteretic behavior. Further analyses are carried
out using Hardware-in-the-Loop (HiL) simulation to investigate the actual feasibility of
semi-active control for MR dampers. The results show very good performance for both
control strategies in purely numerical simulations, while in the HilL phase, only the H4

controller demonstrates satisfactory vibration mitigation.

Keywords: Railway industry, carbody vibrations, semi-active dampers, Skyhook con-

trol, H1 control, Hardware-in-the-Loop simulation
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Abstract in lingua italiana

L’industria ferroviaria si sta muovendo verso veicoli ferroviari piu leggeri, una tendenza
che comporta numerosi vantaggi come il minor consumo energetico, ridotti costi di pro-
duzione e minore usura di rotaie e ruote. Tuttavia, 1'uso di meno materiale aumenta
solitamente la flessibilita, provocando maggiori vibrazioni strutturali. Queste vibrazioni,
quando interessano la cassa del veicolo, possono causare significativo disagio ai passeg-
geri, specialmente per frequenze inferiori a 20 Hz, e le sospensioni passive non riescono
a mitigare efficacemente il fenomeno. In questo lavoro vengono implementati smorzatori
semi-attivi utilizzando due diverse strategie di controllo mirate a ridurre le vibrazioni
di flessione della cassa, generate dall’accoppiamento con lo spostamento rigido del car-
rello, in particolare nella direzione di beccheggio. L’obiettivo principale ¢ valutare la
robustezza delle strategie di controllo nel mantenere buone prestazioni di attenuazione
delle vibrazioni anche in presenza di variazioni dei parametri del modello, come un au-
mento della massa della cassa. Le due strategie analizzate sono i controlli Skyhook e Hq
confrontati tra loro e rispetto a un veicolo passivo utilizzato come riferimento. Il con-
trollore H1 € progettato utilizzando un modello lineare semplificato a 7 gradi di liberta
del veicolo ferroviario, e ’analisi di robustezza ¢ eseguita mediante un sistema multibody
flessibile tridimensionale (FMBS) integrato con un modello agli elementi finiti della cassa
flessibile, per catturare comportamenti vibratori pitt dettagliati e evidenziare gli effetti
di eventuali errori di modellazione. Lo smorzatore MR ¢ modellato tramite il modello
di Bouc-Wen per tenere conto del comportamento isteretico. Ulteriori analisi vengono
condotte tramite simulazioni Hardware-in-the-Loop (HiL) per investigare la reale fattibil-
ita del controllo semi-attivo sugli smorzatori MR. I risultati mostrano ottime prestazioni
per entrambe le strategie nelle simulazioni numeriche pure, mentre nella fase Hil solo il

controllore H4 dimostra un’attenuazione soddisfacente delle vibrazioni.

Parole chiave: Industria ferroviaria, vibrazioni del carbody, smorzatori semi-attivi, con-

trollo Skyhook, controllo H; , simulazione Hardware-in-the-Loop
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1 ‘ Introduction

1.1. Problem De nition

The railway industry is increasingly moving toward lighter rolling stock, motivated by

the need to reduce material costs, energy consumption, and mechanical wear on wheels
and rails. However, the resulting decrease in structural stiness makes the car body
more susceptible to exural vibrations, as well as other parts of the vehicle, which may
negatively a ect ride comfort particularly when the lowest natural frequencies of the
structure fall below 20 Hz, entering the range of highest human sensitivity to vibrations.

Conventional passive secondary suspensions are primarily designed to attenuate low-
frequency rigid-body motions of the car body relative to the bogies, such as vertical
displacement and pitch. Their main function within the suspension architecture is to
isolate the car body from track-induced excitations and reduce the transmission of vi-
brations to the passenger environment, thus ensuring an acceptable level of ride comfort
under typical operating conditions.

However, while they are generally e ective in Itering simple, motions of the vehicle struc-
ture, they tend to be inadequate when it comes to mitigating higher-frequency structural
modes, such as car body bending.

The case analyzed in this study, already investigated in previous works, involves a single
trailed car operating on a slab track infrastructure. What characterizes this scenario is
the presence of periodic excitation from track irregularities,with wavelengths associated to
the length of the slabs. At speci c speeds, the excitation arising from track irregularities
synchronises with a structural natural frequency of the carbody ( typically associated to
the rst bending mode), producing a resonance condition and high-amplitude accelera-
tions in the car body, leading to unacceptably low levels of ride comfort for a high-speed
vehicle.

This phenomenon has been attributed to a signi cant exural response of the car body,
caused by a dynamic coupling between the structural bending mode and the motions of
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the bogies, in particular along the pitch axis. Vibrational energy is transmitted from the
bogies to the car body through mechanically sti components such as theyaw dampers and
traction links, which act as structural paths that unintentionally promote the excitation

of the car body's rst bending mode.
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1.2. Motivation and Objectives

The control approach proposed in this thesis is based on the concept of intervening di-
rectly at the source of excitation, namely the pitch dynamics of the bogies, with the aim
of reducing structural vibrations of the car body. This concept has been previously ex-
plored in the literature, where replacing passive dampers in the primary suspension with
semi-active devices capable of modulating their damping coe cient in real time has
demonstrated promising potential in improving ride comfort.

Unlike passive suspensions, which operate with xed damping and sti ness values and thus
must compromise between low- and high-frequency performance, semi-active suspensions
o er adaptive behavior, dynamically responding to changing conditions [3]. While they
cannot inject energy into the system like fully active suspensions, they avoid the associated
stability and safety concerns, making them a particularly suitable solution for railway
applications where reliability, energy e ciency, and ease of certi cation are critical [9].

The main objective of this thesis is to demonstrate the e ectiveness of damping mod-
ulation control strategies applied to the primary suspension in attenuating structural
vibrations. A key focus is placed on evaluating the robustness of these strategies against
variations in essential parameters, such as vehicle mass (due to changing passenger loads)
and modeling uncertainties. These variations are introduced in simulation to assess the
sensitivity of the control systems and to compare their performance against a passive
benchmark vehicle, providing a comprehensive understanding of both vibration mitiga-
tion and operational robustness.

1.3. Adopted Approach

The methodology adopted in this work is divided into three main phases. The rst consists
in the development of a simpli ed two-dimensional dynamic model of a single railway car,
implemented in MATLAB. This model includes seven degrees of freedom, representing
the vertical and pitch motion of the car body and bogies, along with a modal coordinate
corresponding to the rst bending mode of the car body. Despite its simpli cations, this
model retains the essential coupling between bogie pitch and car body exural dynamics,
and serves as a platform for e cient controller design and tuning.

In the second phase, the controllers are tested on a high- delity multibody model of
the same vehicle, implemented in Simpack. A co-simulation environment with Simulink
enables real-time evaluation of the semi-active control strategies. The high- delity model
includes detailed mechanical properties, suspension geometries, and nonlinear elements,
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providing a realistic framework for robustness validation. To this end, key parameters
such as mass, stiness, and damping are systematically varied within plausible ranges
that re ect real operating conditions.

Finally, a hardware-in-the-loop (HiL) testing phase was carried out to demonstrate the
practical feasibility of the semi-active suspension concept and to further evaluate the
performance of the proposed controllers. This phase was conducted using an additional
simpli ed model, speci cally designed to ensure real-time compatibility and to validate
control strategies under more realistic interfacing conditions.
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1.4. Theoretical Background and State of the Art

1.4.1. Problem Context and Previous Research

This thesis represents a continuation and further development of two major previous
research works [4, 7], both of which addressed the same vibration-related issue a ecting
high-speed railway vehicles.

The rst work extended the investigation by evaluating multiple control strategies, in-
cluding a Skyhook control, another implementation of the LQG approach, and a Sliding
Mode Control method, known for its robustness to system nonlinearities and modeling un-
certainties. The second study explored a Linear Quadratic Gaussian (LQG) controller, a
well-established optimal control technique aimed at minimizing a quadratic cost function.

Building upon these foundations, the aim of this thesis is to address specic gaps left
open in the previous works and to investigate alternative control approaches that had not
yet been considered. In particular, this research evaluates the usetbf control, which

is widely recognized for its strong robustness against system variations, such as changes
in mass or stiness, making it particularly suitable for uncertain or varying operating
conditions.

Compared to [4], this study also expands the validation process by including simulations
on a full multibody model (FMBS) developed in Simpack, in addition to a hardware-
in-the-loop (HiL) testing phase. To further increase the realism of the simulation envi-
ronment, the magnetorheological damper used in the Simpack Simulink co-simulation is
modeled using the Bouc Wen formulation [16], which is widely adopted for accurately
capturing the nonlinear hysteretic behavior of semi-active damping devices. These ad-
ditions provide a more comprehensive and realistic assessment of the proposed control
strategies under conditions that closely resemble real-world operations.

1.4.2. Alternative Structural Solutions

Several passive strategies have been proposed in the literature to mitigate structural
vibrations in railway car bodies. One approach involves increasing the structural sti ness
of the car body, for instance through the use of passive anti-bending bars, which helps
shift natural frequencies away from critical resonance zones [6]. However, this solution is
associated with signi cant drawbacks, including increased weight, limited available space
within the carbody, and high initial cost.

Another passive solution is the installation of dynamic vibration absorbers (DVAS) at
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targeted locations, aiming to reduce oor vibrations in high-speed railway vehicles [18].
The main limitation of DVAs is that they must be tuned to the natural frequencies of the
carbody modes that are to be damped. These frequencies are strongly dependent on the
payload and can vary signi cantly, making DVAs less robust to uncertainties.

A further passive strategy focuses on optimizing the onboard passive suspension layout
for components such as under oor electric converters [11]. While e ective in reducing
vibrations, this approach is a ected by uncertainties because the exible components
must be chosen according to carbody mass, and their performance degrades over time
due to aging, leading to reduced e ectiveness.

1.4.3. Active Suspension Solutions

Fully active suspension systems, implemented at both primary and secondary suspension
levels, have demonstrated the capability to reduce the root mean square (RMS) of carbody
accelerations [10]. Nevertheless, these systems are characterized by high initial costs,
complex fault tolerance requirements, and challenges related to regulatory approval, which
limit their widespread adoption.

1.4.4. Semi-Active Suspension Technology and MR Dampers

Semi-active suspension technologies o er a practical compromise between the simplicity
of passive systems and the performance of fully active actuators. Among these solutions,
magnetorheological (MR) dampers are widely adopted due to their ability to continuously
adjust their damping characteristics in real time. Unlike passive dampers, which possess
xed mechanical properties, MR dampers can modulate their damping force within a
prescribed range by varying the driving current supplied to an internal electromagnetic
coil. This capability allows the suspension to adapt to changing dynamic conditions. Since
semi-active devices are purely dissipative, they are inherently stable, while still providing
signi cant improvements in vibration mitigation.

The operating principle of MR dampers relies on the behaviour of magnetorheological
uid, a suspension of micron-sized ferromagnetic particles dispersed in a carrier liquid.
When the driving current is applied, the resulting magnetic eld causes the particles to
align along the eld lines, increasing the uid's apparent viscosity and resistance to ow.
This mechanism enables rapid and controllable variation of the damping force, with typical
response times on the order of 5 10 ms, which is suitable for most railway and automotive
vibration-control applications. The combination of fast response, low power consumption,
and robust mechanical structure makes MR dampers an appealing solution for semi-active
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suspension systems requiring adaptability, reliability, and moderate implementation cost.

Figure 1.1: MR damper working principle.

1.4.5. Semi-Active suspension control strategies

Semi-active strategies o er a favorable balance between adaptability and practicality.

A widely adopted approach is Skyhook control, which simulates the e ect of a damper
connected between the suspended mass (e.g., the carbody) and an inertial reference frame
[13]. The objective is to attenuate the absolute velocity of the main structure, improving
ride comfort. When implemented with semi-active dampers, Skyhook control is attractive
due to its simplicity, low sensor requirements, and real-time feasibility.

A complementary semi-active strategy is Groundhook control, which virtually connects
the damper between the unsprung mass and the ground. This approach mainly reduces
the transmission of vibrations through the lower components (e.g., bogies), enhancing sta-
bility and reducing wear, although it is typically less e ective than Skyhook in improving
passenger comfort, particularly for exural modes.

More advanced control strategies have been developed where higher performance or ro-
bustness is required. The Linear Quadratic Gaussian (LQG) controller combines a Linear
Quadratic Regulator (LQR) that minimizes a cost function, balancing control e ort and
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state deviation, with a Kalman lIter that estimates system states. Its main advantage lies
in its elegant theoretical foundation and ease of implementation for multivariable systems;
however, it may lack robustness in the presence of signi cant model uncertainties.

The H, control framework focuses on minimizing the expected energy of the system's
response to stochastic disturbances. It is particularly e ective when average-case perfor-
mance is the design goal and disturbance characteristics can be modeled probabilistically.
Its main limitations include poor worst-case guarantees and a strong dependence on ac-
curate statistical characterization.

The H; control framework, on the other hand, is designed to minimize the worst-case
gain from disturbances to selected outputs, providing robust performance against model
uncertainties and unmodeled dynamics. This approach ensures guaranteed attenuation
of disturbances, even under worst-case scenarios, but can be more conservative in terms
of control e ort compared to H, design.

Sliding Mode Control (SMC) is another robust control technique designed to handle signif-
icant parameter uncertainties and external disturbances [4]. The method relies on de ning
a sliding surface that encodes the desired system behavior and designing a control law to
force system states onto this surface. SMC is inherently robust and relatively simple in
structure; however, the chattering phenomenon high-frequency oscillations around the
sliding surface can degrade performance and, in mechanical systems, may cause wear or
instability. E ective chattering mitigation strategies, such as boundary layers or contin-
uous control approximations, are therefore essential.
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This chapter presents the modeling approach used to capture the vertical dynamics of a
single passenger coach, with particular emphasis on the structural coupling between the
exural behavior of the carbody and the pitch motion of the bogies. Accurately describing
this interaction is essential not only for reliable simulations but also for developing control
strategies aimed at improving ride comfort. The vehicle considered is a trailed passenger
coach, featuring two bogies, each equipped with two wheelsets. Prior studies [7] have
shown that a pronounced dynamic coupling can arise between bogie motions and the
carbody's bending modes especially when sti structural elements such as yaw dampers
and traction rods are present.

To analyze these coupling e ects and develop potential mitigation strategies, two com-
plementary models are employed: a linear 7-degree-of-freedom (7-DOF) simpli ed model,
and a high- delity exible multibody system (FMBS) developed in Simpack. While these
models di er in complexity and level of detail, they share a common purpose: to enable
the development of control strategies.

2.1. Structural Coupling

At the heart of the dynamic interaction between the carbody and bogies lies the concept
of structural coupling. This phenomenon concerns in particular, but not only, the rst
vertical bending mode of the carbody, which interacts dynamically with both longitudi-
nal and pitch motions of the bogies. The coupling becomes especially critical at certain
excitation frequencies referred to as coupling frequencies where bogie motions and car-
body exural responses resonate with one another. This resonance can lead to ampli ed
vertical accelerations, adversely a ecting ride comfort.

Figure 2.1 shows an enlargment of one of the carbody-bogie interfaces that is usefull
to reveal the underlying mechanics. When the carbody experiences a small bending
deformation, it causes a longitudinal displacement at its ends and therefore an imposed
displacement also for the bogie considering a rigid connection between the two, that
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according to Euler-Bernoulli beam theory can be modeled as in Eq (2.1)

Figure 2.1: Structural coupling schematic

=dxy (2.1)

Here, d; is the vertical distance from the neutral axis of the carbody to the carbody bogie
connection point. It's intuitive that this phenomenom is bidirectional: meaning that
longitudinal or pitch motion of the bogies excites the carbody's bending mode [14]. It is
important to note that one might intuitively expect the secondary suspension to also play
a signi cant role in this phenomenon, as it is capable of transmitting longitudinal forces.
However, its horizontal sti ness is generally two orders of magnitude lower than that of
the yaw dampers and traction rods. Consequently, the secondary suspension transmits
only negligible longitudinal forces and is therefore typically excluded from analyses of
structural coupling.

2.2. Multibody Model in Simpack

To capture these e ects in detail, a exible multibody model is constructed in Sim-
pack,where thecarbody is represented as a exible , incorporating bending modes up to
a cuto frequency of 30 Hz , which is su cient to include all frequencies relevant for ride
comfort. In Simpack, exible body models are developed by importing a Finite Element
Model (FEM) that accurately represents the structural characteristics of the carbody. All
other bodies are modeled as rigid, with the converter box elastically suspended beneath
the carbody along the longitudinal centerline.
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Suspension and linkage elements, including yaw dampers and traction rods, are imple-
mented using piecewise-linear sti ness and damping laws, based on force displacement
and force velocity relationships. The wheel rail contact is modeled using a nonlinear for-
mulation, featuring S1002 wheel pro les interacting with UIC60 rail pro les, thus ensuring
realistic contact dynamics.

Figure 2.2: The FMBS SIMPACK Model

In [7] a modal analisys was carried out, with the objective of identifying the natural fre-
quencies and corresponding mode shapes primarily in uenced by the carbody's bending
dynamics. This analysis revealed the presence of four critical modes, with natural frequen-
cies of approximately 8 Hz, 8.8 Hz, 10.8 Hz, and 11.8 Hz, respectively. The rst of these
modes is mainly associated with a coupling between the carbody and the bogie bounce
motion, while the remaining three exhibit a strong coupling between the carbody bend-
ing and the bogie motion. Each of these modes is characterized by a distinct resonance
frequency, and when considering a xed excitation wavelength, such as that produced by
slab-track irregularities, each corresponds to a di erent resonance speed for the train.

Figure 2.3: PSD of carbody acceleration, at resonance speeds

Figure 2.3 illustrates the Power Spectral Density (PSD) of the vertical acceleration mea-
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sured at both the center and the front of the carbody when the train travels at each critical
speed. It can be observed that the magnitude of acceleration is consistently higher at the
center of the carbody, which is attributed to the shape of the rst bending mode along
the longitudinal axis. Among the four modes, the one represented in black is the most
detrimental in terms of vertical ride comfort, as it produces the largest vertical accelera-
tions and hence the worst ride quality index (Nmvz) as shown in table 2.1. The Nmvz
index quanti es passenger ride comfort on a scale from 1 to 5, where 1 corresponds to the
highest comfort and 5 to the lowest. A detailed description of the index is provided in
Section 4.1.2.

Resonance frequency Resonance speed Nmvz at center Nmvz at Front

8 Hz 157 km/h 1.26 0.22
8.8 Hz 173 km/h 2.4 0.44
10.8 Hz 212 km/h 3.2 0.78
11.8 Hz 230 km/h 3.6 0.98

Table 2.1: Ride quality index (Nmvz) evaluated at the carbody center and front for various
resonance speeds.

This critical mode exhibits a pronounced dynamic coupling between the carbody's rst
vertical bending mode and the bogies' pitch motions, with forces being transmitted
through the yaw dampers and traction rods. This analysis clearly con rms that the
coupling phenomenon plays a key role in exciting the carbody structure and signi cantly
contributes to the degradation of ride quality. It also highlights that such vertical accel-
eration levels often attributed solely to bogie bounce can, in fact, be predominantly
driven by carbody bogie coupling mechanisms.

In this thesis, control strategies are developed speci cally to mitigate this particular cou-
pling mode, with the aim of improving the perceived ride comfort on board. These strate-
gies are then tested at various train speeds to verify their e ectiveness and robustness
across di erent operating conditions.

Dynamic excitation is introduced into the system via track irregularities with a wavelength

of 5.45m, corresponding to the spacing of slab-track joints. At a speed of 230km/h,
this results in an excitation frequency of approximately 11.8 Hz therefore matching the
resonance frequency of the critical coupling mode. Consequently, the model naturally
simulates the worst-case excitation scenario, with signi cant vertical accelerations arising
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at both the center and ends of the carbody. This makes it an ideal case for testing the
e ectiveness of control strategies.

2.3. Integration of Semi-Active Dampers in the FMBS

This section describes the integration of semi-active dampers into the FMBS vehicle
model developed in SIMPACK. The coupling between SIMPACK and Simulink is achieved
through a co-simulation framework, detailed in Section 3.3. In this setup, Simulink hosts
both the control strategies for the MR damper and the damper model itself, while SIM-

PACK is responsible for the multibody vehicle dynamics. The interaction between the

two environments is enabled by the SIMAT block, which manages the exchange of input
and output signals required for the synchronous advancement of the simulation in both
solvers.

In Simulink, the damper is represented using a two-stage structure. First, an ideal linear
viscous dashpot is de ned, whose damping coe ciernt is actively varied according to the
control strategy being applied at each time step. Once the desired damping level is com-
puted in real time, this value is passed to the block implementing the magnetorheological
(MR) damper model.

The MR damper is modelled using the Bouc Wen hysteresis formulation, described in
detail in the following section. The block requires two main inputs: the driving current
(ranging from 0 to 3 A), which is derived from the desired damping value and delayed
appropriately to account for the dynamics of the MR device, and the instantaneous de-
formation velocity of the damper. Based on these inputs, the model computes the corre-
sponding damping force, which is then supplied to the FMBS vehicle model in SIMPACK
as an external force element.

2.3.1. Bouc Wen Model

The Bouc Wen model is widely used to describe non-linear hysteretic systems. It was rst
introduced by Robert Bouc [2] and later extended by Yi-Kwei Wen [16]. This model is able
to capture a wide range of hysteretic cycle shapes, making it very versatile and popular in
a variety of engineering applications. In particular, it is often used to model the behavior
of magnetorheological (MR) dampers, since it can reproduce both the force-displacement
and force-velocity characteristics observed experimentally once its parameters are properly
tuned.

The MR damper considered in this work is represented by the modi ed Bouc Wen model
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proposed in [17] and shown in Figure 2.4, using the same parameters as in [8]. In Figure
2.4, the block labeled "Bouc Wen" represents the hysteretic behavior of the MR damper.
The force generated by the damper is de ned as the product of the evolutionary variable
z, de ned by Eq. (2.2), and a scaling coe cient . Damping coe cients ¢, and ¢; de ne
damping at high and low deformation speeds, together with parametk&s. The parameter

k, accounts for the sti ness of the accumulator and damper end mounts [15].

z=  jx yizizi" * (x wizi"+Ax ) (2.2)

Figure 2.4: Modi ed Bouc Wen model used for the MR damper.

The internal state y is governed by Eqg. (2.3), and the force generated by the damper is
given by Eq. (2.4):

[Z + ko(x y)+ Cox] (2.3)

= Gt G

F=oqay+ ki(x Xg)+ mx (2.4)

The e ect of the accumulator is considered by setting the variablg, to a suitable value.
The mass parametem re ects the inertial e ect of the damper. It should be noted that
the forceF from Eq. (2.4) includes a static componenky = k;Xo due to the accumulator
inside the damper. This static force balances the static load on the wheel produced by
the weight of the car body and bogie, so that the actual MR damper force a ecting
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vehicle vibrations is(F  Fg). Accordingly, the static force component is removed from
the measured damping force, and the variabbe, is set to zero in the model.

To describe the current-dependent behavior of the damper, the three parameters de ning
the shape of the hysteresis cycle are expressed as functions of the driving curtgrds in
Eq. (2.5):

= at plot clg
Co= Coa* Coblo+ Cocl§ (2.5)

_ 2
CL = Ciat Ciplo + Ciclg

"W AW 0

The time response of the MR damper is in uenced by the uid dynamics in response
to changes in the magnetic eld and by the exibility of the rubber bushings in the end
mounts. To account for this, a rst-order lIter is applied to the current signal as in Eq.
(2.6), wherel= represents the time constant:

1

G(S) = —(1: )s+ 1

(2.6)

In [8], the estimation of the Bouc Wen model parameters was performed using the
Simulink Parameter Estimation App [1]. Initial values and constraints were speci ed
considering the physical meaning of some parameters. The measured current signal and
damper displacements from experiments were fed into the model, and the resulting damp-
ing force was compared with the experimental measurements. An iterative procedure was
followed, where at each step a cost function de ned as the 2-norm of the error between
measured and simulated damping forces was minimized by tuning the parameters. This
process gradually reduced the cost function, yielding model parameters that allow the
Bouc Wen model to accurately reproduce the real damper behavior.

Table 2.2 reports the parameters identi ed in [8] for the Bouc Wen model:
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Parameter Value Parameter Value

774.62 m? b 2604.1 Ns/m/A
1855.8 m? c 4574 N s/m/A ?

A 972.84 0 1287.7 Ns/m/A

n 4.1202 bo 2657.6 Ns/m/A
Ko 32.773 N/m cc 65673 N s/m/A 2

Ky 3.548 N/m Cia 11,939 Ns/m
64.3 1/s Cip 11;,995N s/m/A
m 18.14 kg Cic 10,419 Ns/m/A 2

! 1383.0 Ns/m

Table 2.2: Bouc Wen model parameters with corresponding values.

2.4. Simplied 7-DOF Model

Alongside the FMBS, a 7-degree-of-freedom simpli ed model provides a compact yet e ec-
tive representation of the system dynamics. It captures the essential coupling mechanisms
while o ering computational e ciency,ideal for early-stage controller design.

Figure 2.5: 7 DOF linear model

The model represented in Figure 2.5 considers as degrees of freedom: vertical displacement



2| Vehicle Modeling 17

(bounce) [Z¢,Zp1,Zp2 ] @and pitch motion [ ¢, 1, ,, ] for both the carbody and each of
the ftwo bogies, plus a modal coordinateq ] representing the rst vertical bending mode
of the carbody. Only the carbody is modeled as exible; all other bodies are assumed to
behave as rigid bodies.

In the model architecture, the four wheelsets are excited by track irregularities, through
an imposed spatial and velocity vertical pro le

[Zwi; Zw2; Zws; Zwa; Zwts Zw2s Zwss Zwa)

and connected to their respective bogies via primary suspension elements, modeled as
parallel spring-damper pairs. Each bogie is connected to the carbody through the traction
links, yaw dampers, and the suspension which is modeled as a linear spring with a viscous
dashpot in parallel. Yaw dampers are commonly modeled using a Maxwell element (a
spring and a damper in series) to accurately capture frequency-dependent behavior,while
in this work as done in [7] they are instead represented by a Kelvin Voigt element (spring
and damper in parallel). This choice is made to avoid introducing additional states into
the system model.

The Kelvin Voigt parameters are de ned using the following expressions, which yield the
equivalent damping and sti ness values as a function of a selected operating frequency f,
as shown in Eq. (2.7):

8
3 Coy = CaK§
“7 K2+ C3f2
(2.7)
3, KqCEf?
C T K2+ core

By appropriately selecting the frequency, the model can approximate the desired dy-
namic behavior of the yaw damper without increasing model complexity.

The carbody's exible displacement along its lengthX) is described using Euler Bernoulli
beam theory, retaining only the rst bending mode:

w(x;t) = Y(x) q(t) (2.8)

The rst term of the prduct [ Y (x)] de nes the pro le of the bending mode as a facntion
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of the longitudinal coordinate, which is described in equation 2.9.

cos( ;1L¢) + cosh( ;L)

Y (x) = cos( 1x) + cosh( 1) sin( 1L¢)  sinh( 1L¢)

sin( 1x) +sinh( x)  (2.9)

with L. =4:730Q
wherelL . denotes the total length of the carbody.

1 X
CI+ 2 1! 1Q_+ ! ]Z_q: M_ [Fsz;iY(Li) + stt;i dctho(l-ti) + sty;i dcbyYO(Lyi)] (2-10)

Ciz1:2

The governing equation forg(t) Eq. (2.10) includes longitudinal forces coming from yaw
dampers Fs;i], traction rods [Fs: ], and vertical ones coming from the air spring$fxyi ]
with their respective distance from the neutral axis . for traction rods and d.,, for yaw
dampers). with! ; =2 f the natural angular frequency of the rst bending mode and;
the damping ratio

A common limitation of simpli ed beam-based models lies in their inability to fully repli-
cate the structural complexity of a real railway carbody, which behaves more like a shell
structure with spatially varying sti ness and mass properties. To address this discrepancy,
[7] proposes a calibration strategy that aligns the dynamic behavior of the simpli ed Eu-
ler Bernoulli model with that of a high- delity exible multibody model based on FEM.

The tuning process involves adjusting two key parameters: the damping ratio of the rst
bending mode and the vertical position of the beam's neutral axis. These adjustments
are made by comparing dynamic responses speci cally, the vertical and longitudinal
accelerations measured at critical locations along the carbody, such as the center and
bogie interfaces.

In particular, by constraining the rigid-body degrees of freedom and applying lItered
white noise excitations in both vertical and longitudinal directions, the reference model
isolates the bending behavior, enabling precise identi cation of these tuning parameters.
The resulting values such as a damping ratio of 3% and a neutral axis height of 1.6m are
shown to yield excellent agreement between the simpli ed and detailed models in terms
of key acceleration metrics.

Given the robustness of this approach, the same set of parameters has been adopted in
the present work to ensure consistent representation of bending-induced dynamics and
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their impact on ride comfort.

2.4.1. Equation of motion

As shown in equation (2.11), the dynamic behavior of the system is governed by a set of

coupled linear di erential equations each one describing the dynamic of one independent

coordinate of the system. These equations are coupled by internal suspension forces,
described in detail in equation(2.12), which represent the mechanical interactions between

di erent components of the vehicle.

Three main groups of forces are de ned at the interface between the carbody and the
bogies: those transmitted through the secondary suspensioR{;), the traction rods
(Fsxi ), and the yaw dampers Fsy.i). These interaction forces contribute to both the
vertical and longitudinal dynamics of the vehicle, and their e ect depends not only on the
sti ness and damping properties of the elements, but also on their relative positioning.

In particular, the parametersd,, and dy; denote the vertical distances from the bogie's
center of gravity to the mounting points of the yaw dampers and traction rods, respec-
tively. Likewise, d.q, and dey: represent the vertical o sets from the carbody's center of
gravity to the corresponding connection points. These distances play a crucial role in
determining the coupling between pitch and bending motions, as the generated moments
and forces depend on these lever arms.

The last four force terms in equation (2.12) represent the interactions between each

wheelset and its bogie, occurring through the primary suspension system. These forces
are described using a generalized law that includes three components: a damping term,
an elastic (spring) term, and a control inputu,; which accounts for the force contribution

of the semi-active dampers.

In the case of a passive suspension, the semi-active input is zeog (= 0), and the
damping behavior is entirely governed by the passive coe cienC,,. For a semi-active
con guration, on the other hand, the passive damping is disabledC(, = 0), and energy
dissipation is handled throughu,;, which is dynamically adjusted by the control algorithm.
This formulation allows the same mathematical model to represent both passive and
controlled suspension cases in a uni ed framework.
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McZc = Fez1+ Fezo

Je®c= LiFsz1  LiFsz;2+ Degy(Fsxy;1 + Fswyi2) + Degit(Fsx1 + Fsxi2)
MiZi1=  Fsza+ Fpza+ Fozo

Ji®t1 = Lw(Fpza Fpz2)  OoyFexy:n ObtFsxea

MiZi2 = Fso+ Fpzat Fpza

Ji’t2 = Lw(sz;s sz;4) dbysty;Z Ot Fsxt: 2

q+2 1110+ ! {9= i iz1 2 [Fszi Y (Li) + Foxti QootY (L) + Faxysi eoyY (Lyi)]

* VWA, AR OO

(2.11)

As clearly illustrated by Eq. (2.12), the external excitation of the system is applied
through the last four force terms, where the quantitieZ, (t) and Z,,, (t) appear explicitly.

As previously discussed, these terms are derived from a rail irregularity pro le de ned
in the spatial domain. When the train is assumed to travel at a constant speed, this
spatial pro le is converted into a time-domain input signal, resulting in both a vertical
displacement and its corresponding velocity being imposed at the wheel level.The four
velocity and displacement inputs for the four wheelsets share the same time history, each
delayed with respect to the rst (front) axle by a time interval equal to the ratio between
the inter-axle distance and the vehicle speed.

In the case of a passive suspension con guration, these input velocities directly contribute
to the force expressions through the damping ternC,,Z..;, where Z; is the relative
velocity across the suspension. However, in the semi-active suspension case where the
passive damping coe cient is set to zero €,, = 0) these velocity terms no longer have
a direct in uence within the force equations themselves, as shown by equation (2.12).

Instead, their e ect is implicitly transferred to the control input u,, (t), which is computed
by the semi-active control logic. This control law utilizes the measured or estimated
relative velocity as a key variable to determine the optimal damping force to be applied
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by the magnetorheological (MR) dampers. As a result, although the mechanical equations
no longer contain the damping velocity term explicitly, the dynamic response of the system
still strongly depends on these velocities through the properties of the MR dampers and
the control strategy applied.

h i
Fsz1 = Cs, hzfl Zet+ Liet Y(Ll)ig_ + Ksz[Zin (Ze+ Li o+ Y(Ll)q)]

Fsz2= Csz Zio Ze Li<t Y(L2)A + Kg[Ziz (Zc L ot Y(L2)0)]

Foxt1 = Ksx[ 1ot ( cOegr + Y (Lt1)Cknt)]

Fsx2 = Ksx [ 120t ( cegt + Y (Lt2) Q)]

Fsxy:1 = Ced +10by  -eOcgy + Y (Ly1)Adoy + Ked[ t10by  ( cOegy + Y (Ly1)qckny)]
Fsy;2= Ced 420y gy + Y (Ly2)dcoy + Ked[ t20by  ( cOegy + Y (Ly2)qahny)]
Fpza=Coz Zw1  ZutLwwu + Kp[Zw1 (Za+ Lw t1)]+ Ua

Frozo=Coz Zwz Zin Lw+r +Kp[Zwz (Zin Lw )]+ Ua

Fozz= Cpz Zwza  Zo+ Lw+e +Kp[Zws (Ziz+ Lw 12)] + Uas

Foza= Cpz Zwa Ziz Lw+e +Kp[Zwa (Ziz Lw 2)] + Uas

" VRRRARKARRIIRRIIRIRIAR - AKRRRRRRRXRRAIIRARRAARIAN/ ©O

(2.12)
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Table (2.3) provides a summary of all the parameters associated with the model.

Symbol | Explanation Value

M. Mass of carbody 4060 [kg]

ly Inertia of carbody 3200 kg m?]
My Mass of bogie 3000 [kg]

ly Inertia of bogie 600 kg m?]
Czs Equivalent vertical damping of secondary susper 3.8 KN s=m]

sion

Kys Equivalent vertical sti ness of secondary suspen 2.2 [MN=m]

sion

Czd Equivalent longitudinal damping of yaw dampers| 240 KN s=m]
Kzd Equivalent longitudinal sti ness of yaw dampers 2.6 MN=m]

o} Sti ness of traction link 9.0 kN=m]

ki Damping of traction link 5.8 KN s=m]

Czp Equivalent vertical damping of primary suspensior] 18.0 KN s=m]
Kzp Equivalent vertical sti ness of primary suspension 2.8 MN=m]
hio Height of bogie centre of gravity 1.0 [m]
heo Height of carbody centre of gravity 1.9 [m]
hn Height of carbody oor boarding natural layer 1.35 [m]

I Carbody length 19.0 [m]

Iy Half distance between two bogie centres 8.3 [m]

g Height of yaw damper 0.8 [m]

I, Height of traction link 0.7 [m]
l1;15 Distance from carbody rear end to front/rear bogie 3.47 / 3.53 [m]
I3; 14 Distance from carbody rear end to the front/rear| 4.36 / 3.14 [m]

yaw damper
[,5:15 Distance from carbody rear end to the front/rear| 2.1/ 2.9 [m]
traction link

Table 2.3: Vehicle parameters used in the model
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2.4.2. Semi-active suspension integration

In the simpli ed linear 7-DOF model, the integration of the semi-active suspension in-
cludes only the rst stage of the full co-simulation work ow. In this con guration, the
damper is represented as an ideal linear viscous dashpot whose damping coe cient is
actively varied according to the control strategy being applied at each time instant. The
controller computes the desired damping value, which is then converted into a correspond-
ing desired force by multiplying it by the instantaneous damper deformation velocity. To
remain consistent with the behaviour of the real MR damper, this force signal is delayed
using the same rst-order Iter and time constant adopted for the cosimulations. The
resulting delayed force is nally applied as an external input to the 7-DOF system.

2.4.3. Validation of the simpli ed vehicle model

The simpli ed vehicle model is validated through a comparison against the high- delity
FMBS model. Speci cally, the power spectral density (PSD) of the vertical acceleration
obtained from time-domain simulation is computed at both the center and the front of
the carbody, for a train speed of 230 km/h, which corresponds to the critical resonance at
approximately 11.8Hz.

Figure 2.6: Models comparison through PSD of acceleration at carbody center and front

As shown in Figure 2.6, the PSD results reveal a strong agreement between the simpli ed
and FMBS models, both in terms of spectral shape and peak amplitudes around the
critical resonance frequency. This con rms that the simpli ed model accurately captures
the key coupling dynamics. Furthermore, the tuning process based on the damping ratio
and the vertical position of the neutral axisHy., as discussed previously proves to be
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e ective in aligning the simpli ed model's dynamic response with that of the FMBS.

For reference, the gure also includes a third model, which is structurally identical to the
full 7-DOF formulation but with the longitudinal forces contributed by the yaw dampers
and traction links removed. This is achieved by simply setting the corresponding sti ness
and damping parameters in Equation (2.12) to zero. As evident from the results, this
"uncoupled” model fails to reproduce the actual vehicle dynamics, especially around the
resonance region.

This comparison not only highlights the importance of including structural coupling in
the dynamic model but also validates the quality and necessity of the calibration process.
The simpli ed model with coupling not only matches the FMBS closely but also provides
a computationally e cient tool for control design and parametric analysis.
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3 ‘ Control Strategies

This chapter introduces and describes the two control strategies developed to mitigate
structural vibrations induced by the dynamic coupling between the bogie pitch motion
and the carbody bending mode. The purpose of both approaches is to improve passenger
comfort by reducing the vertical accelerations perceived in the cabin.

Although the control objectives are identical, the approaches dier in complexity, ro-
bustness, and tuning philosophy. The rst is based on Skyhook logic, a well-known and
intuitive vibration reduction strategy that can be implemented with minimal design over-
head. The second relies oRl; synthesis, which is considerably more complex but also
more robust, especially when model uncertainties and varying operating conditions are
taken into account.

Both controllers have been implemented in MATLAB-Simulink and tested on two plat-

forms: the 7-degree-of-freedom model, and the full multibody model (FMBS) in SIM-
PACK. The comparison between strategies is carried out in both environments, with
particular attention paid to the capacity of each controller to consistently outperform the

passive baseline across a wide range of conditions.

It is worth noting that the rst true robustness test for the controllers occurs at the
moment of implementation in the FMBS model. Since the controllers are designed on the
simpli ed model, the addition of extra degrees of freedom and other substantial di erences
between the two models (e.g., in the model of suspension components) result in variations
of the design parameters and of the system transfer function compared to the original
design environment.

3.1. Skyhook Control

A semi-active suspension system must guarantee an improvement in ride comfort un-
der all operational scenarios. In this particular application, such improvement must not
be conditional or limited to speci c operating conditions: the semi-active system must
outperform the passive suspension without exception.
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To that end, the Skyhook controller has been implemented with the primary objective
of reducing the pitch motion of the bogie, which is identi ed as the main driver of the
energy transfer that excites the carbody bending mode.

The Skyhook logic has been selected for its simplicity, well-documented e ectiveness[12],
and ease of implementation. Although it does not provide guarantees of optimality or
robustness in the strict mathematical sense, it o ers a straightforward and practically
reliable approach to attenuation of vertical vibrations through semi-active damping.

3.1.1. Theoretical Principles

The concept of Skyhook control can be understood by imagining a virtual damper con-
necting a point as in Figure 3.1 on the vehicle to a xed reference frame in the sky. The
damper generates a force proportional and opposite to the velocity of that point, thereby
resisting its motion and reducing oscillations dissipating energy related to the suspended
mass (in this application representing the bogie frame) and thereby attenuating the mo-
tion of the mass without increasing the trasmissibility from the wheel/rail contact.

Figure 3.1: Skyhook schematic

Although this damper is only conceptual, its e ect can be replicated using a real damper
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whose control input is computed to approximate the ideal skyhook force.

3.1.2. Design and Implementation

The implementation of Skyhook control follows a modal logic applied independently to
each bogie, similar in principle to previous discussions.

Two measurement points, are de ned at the longitudinal extremities of each bogie, where
their vertical accelerations are measured and later integrated to compute their velocities.
In gure 3.2 there's a schematization of the entire vehicle where in blue are highlighted
mesurement points, for clarity all sensors are imaginary at this point and in reality the
data is directly extraced from the model directly.

Figure 3.2: accelerometrs positioning

To simulate a realistic scenario, measurement noise is added to the extracted acceleration
signals, which is generated in MATLAB as band-limited white noise, with a magnitude
(in modulus) that never exceeds 10% of the maximum value of the measured signal, which
is a realistic assumption. Finally, the signal is passed through a high-pass lIter with a
cuto frequency above 0.5Hz to prevent drift, which manifests as the creation of a speed
signal with a non-zero mean after integrating the acceleration.

After the integration of the mesured acceleration signals, bounce and pitch velocities
for each bogie are calculated through 3.2, wheng,; v, are the speeds resulting from

the integration of the mesured accelerations.In equations 3.2, the superscripts A and B
denote the front and rear sensors, respectively, for each bogie, considering the direction
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of motion. Similarly,

i=1:2 refers to the front and rear bogies.

Vai + Vg
Vbounce;i = % (3.1)
Vaii VB
D piteh ;i = % (3.2)
w

From these velocities, the desired global damping vertical forée and momentM acting
on both bogies are computed as:

Fi = Chounce Vi

(3.3)
Mi = Goitch ! pi;

The parameterscyounces Coitch represent the damping gains associated with the bounce
and pitch motions, respectively. Once the desired moment and force are determined, is
possible to compute the desired control e ort at the damper level with thé?.

It is important to note that the gains can be tuned to prioritize one movement over
the other, depending on the speci c control objectives. In the present case, where pitch
motion has a stronger coupling with the carbody bending mode and therefore a higher
impact on passenger comfort, a greater weight is assigned to the pitch component (i.e., a
higher value ofcyitch ).

However, at di erent operating speeds, where the bounce mode may become more in u-
ential such as in the presence of a bounce-carbody resonance the bounce gaig, can
be increased accordingly.

This exibility in independently tuning the damping response to bounce and pitch justi es
referring to this implementation of the Skyhook logic as anodal con guration.

Fi + My

Fa = 5 L. (3.4)
FoW

Fg, = 5 ! (3.5)

3.1.3. Implementation in the 7-DOF Model

The simpli ed model used for the implementation is represented in state-space form, as
shown below:
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X = Ax + Bu (3.6)
y = Cx+ Du (3.7)

Here, A is the state matrix, x the state vector de ned as shown belowB the input matrix,
and u the input vector, which includes both the track disturbances and control inputs and
nally y is the output vector. While a common formulation such asx = Ax + Gw + Bu
allows for a clearer separation between inputs, the current structure is preferred for its
compactness.

zc(t) ° Carbody vertical displacement
o(t) Carbody pitch angle

Zn (1) Bogie 1 vertical displacement

X(t) = Gzp(t) Bogie 2 vertical displacement
pe(t) Bogie 1 pitch angle
n2(t) Bogie 2 pitch angle

q(t) Modal coordinate of rst bending mode

Matrices C and D are de ned to extract the accelerations of interest, which are necessary
both for implementing the control strategy and for evaluating comfort performance. In
particular, the outputs include the vertical and pitch accelerations of the carbody, the
modal acceleration associated with the rst bending mode, and the accelerations at the
front and rear of each bogie. These last quantities are computed as linear combinations
of bounce and pitch accelerations. As a result, a total of seven output variables are
considered, and the matrice€ and D are constructed accordingly.

2 3 2 3
z.(1) Carbody vertical acceleration
(1) Carbody pitch acceleration
¢(t) Modal acceleration of the rst bending mod
y(t) = Gz (1)Z = Front acceleration of bogie 1
T (1) Rear acceleration of bogie 1
Zos (1) Front acceleration of bogie 2
Zror (1) Rear acceleration of bogie 2

This con guration allows the entire system to be implemented in Simulink using an LTI
(Linear Time-Invariant) system block by specifying the matriceA, B, C and D.
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