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1 Abstract 

The present work is based on the cooperation between Polytechnic of Milan and Robby 

Moto Engineering S.r.l., whose object is the development of a new internal combustion 

engine used as range extender on electric vehicles. The principal activities done and here 

explained concern the assessments and the dimensioning of the principal components of 

the range extender, such as the crankshaft, the connecting rods and the stator of the 

electric generator. Both static and fatigue assessments have been performed on the 

crankshaft and on the connecting rods, which are the most stressed components. The 

used criteria are the Von Mises and Guest-Tresca for the static assessments and the 

Sines one for the fatigue assessments. Moreover, the crankshaft is composed by three 

pieces, that are joined by interference fit coupling, so the tolerances have been selected. 

The stator of the electric generator, that is made of aluminium 6060, is composed by two 

pieces connected by a friction bolted joint, so it has been necessary to perform an elastic-

plastic analysis on the threaded holes and a slipping analysis of the friction joint. 

All the components have been analysed with the fundamental help of computer aided 

engineering (CAE), which today is widely used for the stress analysis phase, allowing to 

reduce the testing costs.  
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2 Introduction 

The present master thesis work is based on the project of an innovative internal 

combustion engine, whose purpose is to act as a range extender for the electric vehicles. 

The range extender is a device which comprises an engine and an electric generator. The 

engine is aimed at charging the electric battery by driving the electric generator connected 

to his output shaft. 

The project, that is financed by the Lombardia region, started on March 2017 and its end 

is scheduled for March 2019. The involved participants are three and they are Robby Moto 

Engineering S.r.l. which is the project coordinator, ACM-Engineering S.r.l. and Meta 

System S.p.a.. Each one of these firms has its own field of application in the range 

extender development: Robby Moto Engineering S.r.l. deals with the internal combustion 

engine, ACM-Engineering S.r.l. deals with the electric generator and Meta System S.p.a. 

deals with the electronics. Polytechnic of Milan has collaborated to this project by 

assessing the mechanical design of the components and suggesting changes in case of 

negative result of the assessments. In this thesis, the work done by Polytechnic of Milan 

is reported.     

In particular, in this thesis is reported the work done in order to assess the components of 

the internal combustion engine, that have been initially designed by the staff of Robby 

Moto Engineering S.r.l.. This was necessary because most of the components are novel 

and so both static and fatigue assessments have been performed on them. The novelty 

of this engine comes from the fact that it has been conceived to suit the role of range 

extender. Indeed, the criteria used for the design are the fluid dynamic optimization at a 

constant rotational speed, the compactness, the lightness and the lowest environmental 

impact. 

The principal tasks done and here explained are related to the mechanical design of some 

of the principal components of the range extender. The design activities are related to the 

selection of some tolerances, the static assessments and the fatigue assessments. All of 

them have been performed with the help of the finite element software Abaqus, and the 

fatigue assessments also with the help of MatLab. In particular, the analysed components 

are the crankshaft, the connecting rods and the stator of the electric generator. Concerning 

the crankshaft, the first thing to do has been the selection of the tolerances for the 

interference fit and then the static and fatigue assessments have been performed. Even 

a modal analysis has been done on the crankshaft, for being sure that it works far from 

resonance conditions. On the connecting rod, the static and the fatigue assessments have 

been done, and even a fretting analysis. The stator of the electric generator has been 

analysed because is made of aluminium 6060 and it is composed by two pieced connected 

by a friction bolted joint. Thus, an elastic-plastic analysis of the threaded holes and a 

slipping analysis have been done. The computer aided engineering (CAE) has had a 

fundamental role in all the assessments, allowing a very detailed stress analysis even in 

the most complex geometry. 
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3 State of the art 

3.1 Range extender in automotive field 

A range extender (RE), in the automotive field of application, is a device that increases 

the range of the battery electric vehicles (BEV), in terms of duration of the battery and 

consequently in terms of the distance that can be covered. Indeed, one of the main 

hindering factor in the BEV commerce is the range autonomy of the electric battery, that 

limits the usage and the sales of such vehicles. 

The range extender is an engine, usually an internal combustion engine (ICE), that drives 

an electric generator, in order to produce electric power for charging the battery that 

powers the electric motor of the car. This layout is named series hybrid drivetrain (Figure 

1) and it is typical of the range-extended electric vehicles (REEV). 

 

 
Figure 1 - Conceptual layout of a series hybrid drivetrain implemented on a range extended electric vehicle 

In the REEVs the power to the wheels is entirely provided by the electric motor, and the 

range extender starts when the battery charge level goes below a certain limit, for example 

the 30%, acting like a reservoir in the common internal combustion engine vehicles. For 

these vehicles, the primary fuel is therefore the electric energy stored in the battery, while 

the petrol or the gas are the secondary fuel, to be used only if necessary. 

Today, on the market there are some range-extended electric vehicles, such as the 

Chevrolet Volt and the BMW i3 (Figure 2).  

 

 
Figure 2 ï 2012 Chevrolet Volt (1) and New BMW i3 (2) 

These two cars, that are very different from each other, use, as RE, internal combustion 

engines derived from existing ones. In particular, the Chevrolet Volt uses the four cylinders 

in-line petrol engine developed by Opel and already mounted on some cars like the ñOpel 
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Corsaò without any variation, while the BMW i3 uses the two cylinders in-line petrol engine 

developed by BMW and mounted on the scooter BMW C 650, but with a maximum power 

reduction. The principal data of the two engines are reported in the following table (Table 

1). 
Table 1 ï Principal data of the two RE ICE used for the Chevrolet Volt and for the BMW i3 

Car Displacement Configuration Power 

Chevrolet Volt 1398 cm3 4 in-line 63 kW (84 hp) @ 4800 rpm 

BMW i3 647 cm3 2 in-line 25 kW (34 hp) @ 4300 rpm 

 

These two ICE are both characterized by the same origin that is the traction field of 

application. Indeed, they were born for being mounted on ground vehicles, where they 

provide the power to the wheels. Thus, they can be used in a quite wide range of regimes, 

from the minimum to the maximum. Moreover, they are designed for a quite high power, 

feature that affects their weight and their dimensions.  

The characteristics of the actual internal combustion engines used as RE, like those 

reported above, have created the conditions for the need of a new concept of range 

extender designed on this specific purpose. The principal design criteria are the lightness 

and the compactness, as well as the infinite life duration (with reference to the fatigue 

design). The infinite life and the lightness are two opposite concepts, and their 

implementation in the same project requires a deep analysis of the principal components 

in terms of stresses. Another important concept is the environmental impact, both in terms 

of emissions and in terms of used materials.  

Concerning the emissions, the engine has to be optimized, from a fluid dynamics 

perspective, at a specific rotational speed, the one for which the group composed by the 

ICE and the electric generator have been designed. In this way it should be possible to 

reduce the fuel consumption for a given nominal power to provide. 

The choice of the materials should be done for reducing as much as possible the 

environmental impact. This can be obtained by the usage of thermoplastic materials for 

the low loaded components, like the water ducts, the cylinders head covers and the oil 

sump. This material carries benefits both to the lightness of the engine and to the 

environment, respectively thanks to its low density and high recyclability. Moreover, it is 

important to highlight that the fuel consumption of a car is directly proportional to his 

weight, so the lightness is bonded to environmental impact.   
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3.2 Design of an internal combustion engine outline 

The design of an internal combustion engine is a procedure that requires a systematic 

analysis of the involved phenomena. Indeed, due to the high safety and emission 

standards needed, it is no more possible to base the decisions only to the common sense. 

Today, the use of sophisticated computational systems, like the CAD and FE softwares, 

is mandatory in the design phase, for better understanding the feasibility of the 

manufacturing processes and for performing the structural analysis. Moreover, the market 

researches are of an always increasing relevance before starting the design and 

production of a brand-new engine. The targets of such research are the competitors, for 

understanding how they are proceeding in the market, and the possible customers, for 

ensuring that the new project will be of their interest. 

However, there are some basic considerations that have to be taken before all the other 

phases of the project, that can be summarized in the followings: 

¶ Motivation of the new project 

¶ Type of utilization of the engine 

¶ Power and fuel consumption requirements 

¶ Layout of the engine (number and arrangement of the cylinders, naturally aspired 

or turbocharged, etcé) 

¶ Fuel type 

¶ Development cost estimation 

¶ Production time estimation 

¶ Production cost estimation 

¶ Market evaluations 

From a structural point of view, it is important that the components of the engine can resist 

to the high forces involved in the operating phase, given by the pressure in the combustion 

chamber, the inertia forces, the thermal expansion and so on. Once that that the integrity 

of the components is ensured, it is necessary to proceed with a more detailed analysis for 

removing the material where is not needed, in order to reduce the total weight. Indeed, 

the material of an ideal structure should be distributed in such a way that it undergoes the 

same stress in all its points for a fraction of the yielding limit, defined by the safety factor. 

This is an ideal situation, because in the reality the degree of perfection is always a good 

compromise among the cost and the level of the structure needed.  

Concerning the possible failures of an engine, the principal cause is, as in most of the 

cases, due to the fatigue of the components. This kind of failure is caused by the cyclic 

loading conditions and usually the starting points of the fractures are the notches, where 

the stresses are concentrated. The evaluation of the stresses is an operation that is 

complicated by the uncertainty of the loads and their distribution. Indeed, even if the loads 

generated by the gasses can be easily calculated, their value can change during time and, 

since the structure is flexible, they can be increased by flexion and vibrations. Moreover, 

the distribution of such loads in a lot of the engine zones depends on too complex elastic 

phenomena for being easily evaluated.  

For these reasons, the design of the engineôs components has had an almost totally 

empiric development during the years, assisted by analytic calculations and experimental 

tests. The introduction of the finite element method has simplified a lot the design of the 

mechanical components, but the testing procedure is still mandatory.  
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The components of the engine that are mostly stressed are for sure the connecting rods 

and the crankshaft, and so their design requires an accurate analysis and assessment.  

3.2.1 The crankshaft 

The crankshaft is the component that, together with the rods, converts the alternating 

motion of the pistons into a rotary motion, and sends the power to the user, such as the 

transmission or, in the case of this thesis, the electric generator. Usually, the crankshaft 

is monolithic, except for some 2 strokes engine that needs the roller bearings for the rodôs 

heads, that otherwise cannot be mounted. In Figure 3 a crankshaft used in a 4 cylinders 

engine of a car is illustrated, and its main parts are indicated. The main bearing journals 

are the points in which the component is constrained to the crankcase, the crankpin 

journals are the connection points among the crankpins and rods, the balance mass are 

counterweights for damping the vibrations and compensating the centrifugal forces, and 

finally the flywheel mounting flange is the part at which the flywheel is joined to the 

crankshaft. 

 

 
Figure 3 ï Example of a monolithic crankshaft and its main parts (source: 

http://www.eurospecsport.com/products/components/performance-crankshafts.htm) 

The crankshaft undergoes to both static and alternating stresses, the first due to the inertia 

forces and the second due to the pressure generated in the combustion chamber. 

Moreover, since it is a rotating component, it must weight as little as possible. Due to these 

reasons, the crankshafts are in most of the cases made of high strength steels, such as 

the 18NiCrMo5 carburising steel. However, for maximizing the fatigue life it is important to 

avoid the stress concentrations, thus the attention must be focused on the fillet radius 

among the crankpins and the crankwebs (the crankwebs are the parts that connect the 

crankpin to the main bearing journal and then they develop into the balance masses) and 

on the surface finishing of the crankpins (their surface roughness Ra is of about 0.2 ɛm). 

In the zones in which there is relative movement among the components, such as the 

journals, it is necessary to bring lubrication oil. This task can be performed thanks to 

appropriate holes, that allow to carry the oil from the axial extremity of the crankshaft to 

the journals, thanks to the centrifugal force.  

3.2.2 The connecting rod 

The connecting rod (or simply the rod) is the component that connects the crankpin with 

the piston pin, allowing together with the crankshaft to transform the alternating motion of 

http://www.eurospecsport.com/products/components/performance-crankshafts.htm
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the piston into the rotary motion of the crankshaft. In Figure 4 an example of a connecting 

rod used for monolithic crankshaft is shown. This kind of rod, has a dismountable rod cap, 

that allows to connect the rod head to crankpin of the crankshaft. Even the rod bearing is 

composed by two semi-bearing, that must be positioned in the internal surface of the rod 

head during the mounting phase. If a composite crankshaft (characterized by more than 

one components) is used, for example in a two strokes engine, the rod is monolithic, 

because it can be mounted coupled to the crankpin before assembling the crankshaft. The 

small end of rod foot, is coupled with the piston by means of the piston pin. 

  

 
Figure 4 ï Example of a connecting rod used for monolithic crankshaft and its main parts (source: 

https://www.sicurauto.it/tecnica/news/che-cosa-e-la-biella-e-come-e-fatta.html) 

The rod shown in Figure 4 is produced by the printing manufacturing process, and due to 

this it is more economically convenient respect to others. Indeed its section has not any 

undercuts, allowing the printing process. Other geometries for the rods are adopted in the 

racing field of application. 

The holes of the foot and of the head are used for coupling the connecting rod respectively 

to the piston pin and to the crankpin, thus relative motion is present, requiring lubrication. 

The lubricating oil is carried to the hole of the foot by means of one or two holes drilled in 

the superior part of the ring, that allow to the oil present in the bottom part of the piston to 

flow down in the interface among the piston pin and the bushing. Moreover, the continuous 

movement of the piston pin brings the oil all over the contact surface for improving the 

lubrication. The coupling among the head of the rod and the crankpin is lubricated by the 

oil carried by the holes in the crankshaft, thanks to the centrifugal force.  

  

https://www.sicurauto.it/tecnica/news/che-cosa-e-la-biella-e-come-e-fatta.html


8 

 

4 The RME range extender 

In this chapter the principal features of the range extender developed by the Robby Moto 

Engineering (RME) in collaboration of Polytechnic of Milan will be illustrated and 

explained, focusing the attention on the novelty of the components.  

The range extender object of this thesis is composed by and internal combustion engine 

that drives an electric generator. The architecture of the system is shown in Figure 5, 

where the two macro components (engine and generator) are highlighted. It is also 

possible to see that the electric generator is rigidly constraint directly to the internal 

combustion engine, increasing the compactness of the range extender. Indeed, the 

objective of the project was to create an independent system, which can be treated as a 

single module, in order to make easier its embedment in the electric vehicles. 

 

 
Figure 5 ï RME range extender 

4.1 The electric generator 

The electric generator is the device that converts the mechanical power coming from the 

internal combustion engine into electric power for charging the batteries. It is basically 

composed by a rotor and a stator. The rotor is connected to the output shaft of the engine 

by means of a conic coupling, and carries the windings making them rotate respect to the 

magnets, that are located on the stator. The stator is fixed with the engine, and on it the 

magnets are located.  

Concerning the choice of the electric generator, the starting hypothesis were two, both 

about the stator-rotor relative position. Indeed, the available architectures are those with 

the external stator and internal rotor and with the external rotor and internal stator. The 

selected solution has been fallen upon the one with the external rotor, because, despite it 

is more complex than the other one from both a manufacturing and heat dissipation point 

of view, it is advantageous in terms of axial size reduction (its volume develops more in 

the radial direction), the external rotor acts as a fly wheel for the engine allowing a weight 

saving and it simplifies the embedment of the control electronics directly inside the 

machine.  
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4.2 Internal combustion engine 

The design and development of the internal combustion engine has been the main task 

of the Robby Moto Engineering in collaboration with Polytechnic of Milan.  

The aim of the engine is to move the rotor of the electric generator for providing electric 

power to the batteries when their residual charge level goes below a predefined level, for 

extending the range of the electric vehicle. Due to this reason, the required features for 

this engine are the compactness, the lightness, as noiseless as possible, low vibrational 

and of course the cheapness. To meet these characteristics, the choice has been fallen 

upon a petrol powered flat-twin boxer engine architecture, a displacement of 500 cm3 and 

able to provide 20 kW at a regime of 4000 rpm to the electric generator.  

The main characteristics of the present internal combustion engine are reported in the 

following table (Table 2).  
Table 2 ï Main specifics of the internal combustion engine 

Main specifics of the internal combustion engine 

Stroke 72 mm 

Bore 61.4 mm 

N° of cylinders 2 

Architecture Boxer 

Displacement 499.98 cm3 

Nominal power  20 kW 

Nominal speed 4000 rpm 

Distribution Camshaft with two valves per cylinder 

Cooling system Liquid cooling 

Fuel introduction Direct injection  

 

All these specifics allow to meet the needed characteristics, making the present project 

interesting if compared to the state of the art range extenders. In Figure 6 a section view 

of the internal combustion engine is illustrated, also showing the width and the depth. 

 

 
Figure 6 - Section view of the internal combustion engine with the width and depth values 
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4.2.1 The crankshaft  

The crankshaft of the engine object of this work (Figure 7) is quite different from the 

common monolithic crankshafts, usually used for the four strokes internal combustion 

engine. Indeed, it is composed by three different components instead of being monolithic. 

This choice has been done after a cost forecasting, from which it has been resulted 

convenient to adopt this layout. 

 

 
Figure 7 ï Crankshaft  

The three components that compose the structure of the crankshaft are the posterior 

crank, the anterior crank and the central part of the crankshaft, as shown in Figure 8. The 

two cranks, the posterior and the anterior, are connected to the central part of the 

crankshaft by means of an interference fit. The coupling involves the crankpins and the 

holes of the central part, that are dimensioned for ensure the needed interference. The 

interference fit has been designed by looking at the maximum torque that flows through 

the coupling, that is given by the pressure peaks in the combustion chamber. 

 

 
Figure 8 ï Three components of the crankshaft structure 

The solution of adopting a composite crankshaft instead of a monolithic one, is possible 

only because the power produced by the engine is relatively low (about 20 kW @ 4000 

rpm) and consequently also the average torque is relatively low (about 48 Nm @ 4000 

rpm). However, the problem that can arise using an interference fit coupling is the slipping 

among the two involved surfaces. Indeed, along the crankpins, it is not only the torsion 
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that is flowing through, but also the bending due to the force transmitted by the rods. The 

combination of torsion and bending can create a condition in which the friction among the 

surfaces is no more sufficient to keep them constrained, causing wearing and even a 

misalignment of the axis of the three components. Anyway, thanks to the finite elements 

method, it is possible to simulate the worst condition, that with the minimum interference 

and the maximum torsion, for predicting the behaviour of the coupling. 

The material of which the crankshaft is made of is the 18NiCrMo5 (according to the 

standard UNI 7846) carburising steel, which has good mechanical properties for this task. 

The mechanical properties of the 18NiCrMo5, used for the design of the crankshaft, are 

reported in Table 3, with reference to a specimen of a diameter equal to 30 mm, hardened 

and stress relieved.  
Table 3 ï Mechanical properties of the 18NiCrMo5 carburising steel 

18NiCrMo5 

Parameter Name Value Unit 

Minimum yielding strength ůy 735 MPa 

Ultimate tensile strength UTS 980 MPa 

Elongation at fracture A% 9 - 

Resilience KCU 32.5 J 

 

The conical extremity of the posterior crank is connected with the rotor of the electric 

generator, by means a conical coupling that requires about 5200 N of preloading (with a 

service factor equal to 2). On the other side of the crankshaft, at the extremity of the 

anterior crank, there is not any flywheel mounting flange, since the rotor acts as a flywheel, 

thanks to configuration of external rotor of the electric generator. 

The lubrication of the journals is guaranteed by the oil ducts shown in Figure 9, where 

they have been highlighted in red. The oil input is located at the main journal bearing, 

where the pressurized oil pass through the bearings thanks to apposite holes, flowing 

inside the crankshaft. The exit points are located in the crankpins, where there are two 

holes per crankpin (obviously in the section view is shown only one per crankpin).  

 

 
Figure 9 ï Section view of the crankshaft with the drilled ducts for the lubricating oil are highlighted in red  
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4.2.2 The connecting rod 

The connecting rods used in this internal combustion engine are monolithic, since the rod 

cap is no more necessary with a composite crankshaft. Indeed, the rod are mounted on 

the crankpin before mounting the crankshaft. In this way, it has been possible to save on 

the manufacturing costs and on the assembly time. The connecting rod, together with the 

components at which is connected, is illustrated in Figure 10. 

 
Figure 10 ï Connecting rod 

From Figure 10, it is possible to see that the connecting rod is monolithic, and that there 

is not a bushing in the rod foot. The oil film is directly interposed among the external 

surface of the piston pin and the internal surface of the rod foot. In the rod head, the 

bushing bearing is monolithic too, and it is forced inside the hole with a minimum 

interference of 20 ɛm (the bushings have not already been selected, so the interference 

range and the tolerances are not reported in this work). 

The connecting rod is made of 39NiCrMo3 hardening and tempering steel, that does not 

undergo any surface treatment like shoot peening or carburization. Its mechanical 

properties are reported in Table 4 with reference to a specimen diameter of 16 mm. 
Table 4 ï Mechanical properties of the 39NiCrMo3 hardening and tempering steel 

39NiCrMo3 

Parameter Name Value Unit 

Minimum yielding strength ůy 785 MPa 

Ultimate tensile strength UTS 980 MPa 

Elongation at fracture A% 11 - 

Resilience KCU 30 J 
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5 Design   

5.1 Design for environment 

The design for environment is a preliminary phase of the development of a new project, 

in which the environmental impact of the life cycle of the product is taken into 

consideration. The aim of this phase is to reduce as much as possible such environmental 

impact, for example using recyclable materials instead of the disposables, or using 

reversible joint method like bolted joints instead of welding joints and so on. Of course, it 

is not always possible to meet all the characteristics that an environmental friendly product 

should has, because of structural needed or manufacturing issues. It is always a trade-off 

between the production costs and the environmental impact. 

During the development of the present internal combustion engine a lot of effort has been 

put into the selection of the materials, that must be as much as possible recyclable and 

light. Indeed, the most impact phase of the life cycle of an internal combustion engine is 

when it is operating, because of the fuel consumption and the pollutants emission. So, for 

reducing the environmental impact of the engine during this phase, it should weight as low 

as possible, feature that can be reached by using lightweight materials.  

The principal materials of which the engine is made of are steel, aluminium and 

thermoplastic. They are all recyclable, and in addition, aluminium and thermoplastic are 

lightweight materials. 

5.1.1 Qualitative material analysis 

In this paragraph it is reported the list of the components of the internal combustion engine 

with the selected materials. The principal components have been clustered in three macro 

categories according to their material: the steel, the aluminium and the thermoplastic.  

¶ Steel components: crankshaft, connecting rods, camshafts, rockers, gears, 

pistons, piston pins, timing chains, rotor of the oil pump, springs and screws 

¶ Aluminium components: carters of the cylinders (engine block), cylinderôs heads, 

camshaftôs slots, cover of the oil pump, oil circuit cups 

¶ Thermoplastic components: oil sump, cylinderôs head covers, airbox, chain 

tensioner shoes, cooling water manifolds, oil cup with integrated stick 

These three materials, of which almost the totality of components is made of, satisfy the 

recyclability parameter, which is one of the most important concerning the environmental 

impact. Moreover, the aluminium and the thermoplastic are lightweight materials, and they 

allow a weight reduction decreasing the fuel consumption and the emissions of pollutants. 

Among these components, there are three that see an unusual use of the thermoplastic: 

the oil sump, the cylinderôs head covers and the cooling water manifolds. Both the oil sump 

and the cylinderôs head covers are usually made of aluminium, so in this case a weight 

saving is reached, since keeping constant the volume of the components, the aluminium 

has density of about 2700 kg/m3 while the thermoplastic has a density of about 1000 

kg/m3. The cooling water manifolds are usually made of rubber reinforced with steel wires, 

which is not as easily recyclable as the thermoplastic. In this way, their environmental 

impact it has been decreased. These three components are shown in Figure 11. 
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Figure 11 ï Thermoplastic novel components; oil sump (1), right cylinderôs head cover (2), inlet cooling water 

manifold (3) 

5.1.2 Estimated increase of autonomy and comparison with BMW i3  

In this paragraph, an estimation of the extension of the range autonomy is reported. For 

computing the range extension, the fuel consumption has been calculated in [km/l] for a 

speed at which the nominal power of the internal combustion engine, decreased of the 

efficiencies, equals the resistance power that acts on the moving vehicle. The fuel 

consumption has been calculated for such speed because the range extender can only 

work at the nominal speed, regime at which the nominal power is provided. 

Since a concrete model of the RME range extender object of the present work does not 

already exist, some hypothesis has been guessed for the fuel consumption calculation.  

The guesses are: 

¶ Total mass of the vehicle: ά ρυππ ὯὫ 

¶ Drag coefficient of the vehicle: ὅ πȢσς 

¶ Frontal surface of the vehicle: Ὓ ςȢσ ά  

¶ Friction coefficients: Ὢ πȢπρ; Ὢ φȢτψϽρπ 

¶ Engine total efficiency: – πȢστ  

¶ Lower heating value petrol: ὒὌὠ τσσππ 

¶ Petrol density: ” πȢχτ  

¶ Ground slope: ‌ πЈ 

¶ Electric efficiency: – πȢψτ 

¶ Mechanical efficiency: – πȢωυ  

With these assumptions, the resistance power as a function of the vehicleôs speed has 

been computed, using the following formula: 

 

ὖ ά ϽὫϽίὭὲ‌ὪϽὧέί‌Ͻὺ
ρ

ς
Ͻ” ϽὅϽὛ ὪϽὧέί‌Ͻά ϽὫ Ͻὺ 

 

In the graph of Figure 12 the trend of the resistance power as a function of the hypnotised 

vehicleôs speed is reported.  
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Figure 12 - Resistant power as a function of the vehicleôs speed 

The red arrows in Figure 12 represent the interpolation point for the speed determination. 

For finding the interpolation point it has been computed the power at the wheels of the 

vehicle, assuming that is entirely provided by the range extender (remember that the range 

extender can only charge the electric battery of the vehicle). So, this power comprises the 

efficiencies of the electric efficiency of the generator and of the electric motor (reported in 

a single value) and the efficiency of the differential (the transmission is useless on an 

electric vehicle) and it has been computed as follows: 

 

ὖ
ὖ

– Ͻ–
ρφ Ὧὡ 

 

Remembering that the nominal power at the output shaft of the internal combustion engine 

is equal to 20 kW at the regime of 4000 rpm. 

The vehicleôs speed that corresponds to such power is equal to v=28.5 m/s (102.6 km/h), 

and it will be used for calculated the fuel consumption in [km/l] starting from the volume 

flow rate of fuel. 

Then, knowing the global efficiency of the engine, which comprises all the power losses 

during the transformation of the chemical energy of the fuel into the mechanical energy, it 

is possible to compute the combustion power: 

 

ὖ
ὖ

–
υψȢψ Ὧὡ 

 

From the power of the combustion, and knowing the lower heating value of the fuel, that 

in this case is petrol, the mass flow rate of fuel is: 

 

ά
ὖ

ὒὌὠ
πȢππρσφ 

ὯὫ

ί
 

 

Then, it is useful to switch to the volume flow rate, that has a more suitable unit of 

measurement for the final needed value of fuel consumption: 
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Finally, knowing the constant speed of the vehicles, for which this volume flow rate of fuel 

is needed, the fuel consumption in [km/l] is calculated in this way: 

 

Ὂὅ
ὺϽρπ

ὠ
ρυȢυ

Ὧά

ὰ
 

 

Now that the theoretical fuel consumption has been calculated, it is possible either to 

predict the range extinction for a given fuel tank capacity or to determine the fuel tank 

capacity for a given increase of autonomy.  

For example, with all the previous assumptions and for a constant speed of 102.6 km/h, 

to guarantee an autonomy of 100 km more (that more or less is the maximum autonomy 

that a reservoir tank of a common petrol vehicle should provide) it is necessary to have a 

fuel tank that contains 6.45 litres of petrol.  

From a theoretical point of view, it is possible to compare the autonomy extension of the 

present range extender (100 km with 6.45 litres of petrol at 102.6 km/h) with the one 

provided by the range extender mounted on the BMW i3, which has a fuel tank capacity 

of 9 litres (source: https://www.bmw.it/it/gamma/bmw-i/i3/2017/dati-tecnici.html#tab-1). 

The technical data of the BMW i3 report that the electric autonomy (NEDC) is comprises 

among 225 and 235 km, and it can be increased up to 330 km with the range extender. 

This means an extension of the range equal to about 100 km. Even if the fuel consumption 

of the present range extender has been computed for a constant speed of 102.6 km/h and 

not following the NEDC cycle, the fuel consumptions of the two devices have been 

compared. Moreover, the assumption used for calculating the fuel consumption of the 

RME range extender are conservative; for example, the drag coefficient of the BMW i3 is 

equal to 0.29 (instead of 0.32 that is a value for a common car), that is a more reasonable 

value for an electric vehicle. In Table 5 a comparison of the RME range extender with the 

BMW i3 range extender is reported.  
Table 5 ï Fuel consumptions comparison among RME range extender and BMW 

Parameter RME range extender BMW i3 range extender 

range extension 100 km (@ 102.6 km/h) 100 km (NEDC) 

Fuel tank capacity 6.45 l 9 l 

Fuel consumption 15.5 km/l 11.1 km/l 
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5.2 Forces on the slider crank mechanism 

In this paragraph all the calculations of the forces involved in the present study of the slider 

crank mechanism are reported. The forces that act on the slider crank mechanism are due 

to both the pressure in the combustion chamber and the inertia of the components.  

5.2.1 Force generated by the pressure in the combustion chamber 

The principal input data for computing this force is the value of the pressure in the 

combustion chamber as a function of the crank angle. Its value has been analytically 

computed and its trend is reported in the graph in Figure 13. 

 

 
Figure 13 ï Combustion chamber absolute pressure as a function of the crank angle; the graph represents the 

value in the combustion chamber of one of the two pistons referred to 4 complete revolutions 

From the figure above, it is possible to see that there is a discontinuity of the pressure 

trend: such discontinuity is due to the opening of the discharge valves, that, for hypothesis 

of the used analytic formula, makes the internal pressure decreases instantly to the 

ambient value. 

The value of the force generated by the pressure as a function of the crank angle is given 

by the following formula: 

Ὂ ‌ ὴ‌ ὴ Ͻ“
Ὀ

τ
 

Where 

¶ ὴ‌ is the absolute pressure in the combustion chamber as a function of the crank 

angle 

¶ ὴ is the basement pressure, that is equal to the ambient pressure (101300 Pa) 

¶ Ὀ  is the diameter of the piston 

The value of this force is reported in Figure 14 and it is possible to notice that its trend is 

the same as the one of the pressure (Figure 13). 
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Figure 14 ï Force generated by the pressure in the combustion chamber acting on the piston 

The range of values is among a maximum value of 29815 N and a minimum value of 0 N. 

5.2.2 Forces generated by the inertiae  

The forces generated by the inertiae act on the piston, on the rod and on the crankshaft. 

While the piston and the crankshaft have only one kind of motion, alternative and rotational 

respectively, the rod has a rototraslative motion. Due to this, the mass of the rod is split 

into two contributions, one to the alternative motion and one to the rotational motion. In 

the following steps, the evaluation of these forces is shown, starting from the splitting of 

the mass of the rod. 

¶ Inertia force due to the mass of the rod, with rototraslative motion 

The rototraslative contribution, given by the mass of the rod, is split among the alternative 

and rotational contributions, by looking at the position of the centre of mass of the rod. 

The alternative mass is concentrated in the centre of the foot of the rod, while the rotational 

mass is concentrated in the centre of the head of the rod. This procedure is shown in 

Figure 15. 

 

 
Figure 15 ï Alternative mass and rotational mass of the rod 

 

The two contributions of the mass are calculated by a static rotational equilibrium of the 

rod, as shown in the following steps. 
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The alternative contribution is calculated in this way: 

 

ά ȟ ὒ ȟ ὒ ȟ ά ὒ ȟ 

 

ά ȟ ά
ὒ ȟ

ὒ ȟ ὒ ȟ

 

 

The rotational contribution is calculated in this way: 

 

ά ȟ ὒ ȟ ὒ ȟ ά ὒ ȟ 

 

ά ȟ ά
ὒ ȟ

ὒ ȟ ὒ ȟ

 

 

The data and the results of this procedure are reported in the following table (Table 6). 

 
Table 6 ï Data and results of the calculation of masses contribution of the rod 

DATA 

Parameter Variable name Value Unit 

Mass of the rod mrod 0.199 kg 

Length of the rod L 103 mm 

Distance of the concentrated alternative 

mass 

from the centre of mass 

Lrod,a 76.89 mm 

Distance of the concentrated rotational mass 

from the centre of mass 
Lrod,r 26.11 mm 

RESULTS 

Parameter Variable name Value Unit 

Alternative contribution mrod,a 0.050 kg 

Rotational contribution mrod,r 0.149 kg 

 

¶ Inertia force due to the mass of the piston, with alternative motion  

The inertia force on the piston (Figure 16 ï Piston with the inertia force appliedFigure 16) 

takes into consideration the alternative contribution of the mass of the rod. The expression 

of the inertia as a function of the crank angle due to the alternative motion is given by the 

following equation: 

 

Ὂ ‌ ά ά ȟ ‫ὶÃÏÓ‌ ‗ÃÏÓς‌ 
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In the following table (Table 7) all the data are reported. 
Table 7 ï Data used to determine the inertia of the piston 

DATA 

Parameter Variable name Value Unit 

Mass of the piston mp 0.408 kg 

Total alternative mass mp + mrod,a 0.458 kg 

Length of the rod L 103 mm 

Crank radius r 30.7 mm 

Angular speed ɤ 419 rad/s 

 
Figure 16 ï Piston with the inertia force applied 

¶ Inertia force due to the mass of the crank, with rotational motion 

The inertia force due to the rotation is a centrifugal force and acts on the eccentric masses 

of the crankshaft, that are the crank and the equilibrium masses (Figure 17). So, first it is 

necessary to evaluate the mass of the crank and the equilibrium mass, as well as their 

distance from the rotational axis. Then the equilibrium masses are reduced to the centre 

of mass of the crank. The procedure to find the inertia force is shown in the following steps. 

Equilibrium mass reduced to the crank thank to a static rotational equilibrium 

 

ά ὶ ά ὶ 

 

ά ά
ὶ

ὶ
 

Centrifugal force applied to the centre of mass of the crank 

 

Ὂ ά ά ȟ ά ‫ὶ 

 

The data needed to those calculations and the results are reported in the following table 

(Table 8). 

  



21 

 

Table 8 ï Data and results of calculations of the rotational inertia forces 

DATA 

Parameter Variable name Value Unit 

Mass of the crank mcrank 0.263 kg 

Equilibrium mass meqm 0.827 kg 

Radius of crank r 30.7 mm 

Radius of equilibrium mass rw 7.34 mm 

Angular speed ɤ 419 rad/s 

RESULTS 

Parameter Variable name Value Unit 

Equilibrium mass reduced to the centre of mass 

of the crank 
mred 0.197 kg 

Total rotational mass mcrank+mrod,r-mred 0.215 kg 

Centrifugal force Fc 1185 N 

 

 
Figure 17 - Crankshaft with the inertia force (centrifugal force) applied 
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5.2.3 Forces and schematization of the slider crank mechanism 

Once that all the forces have been calculated, a complete model of the mechanism can 

be implemented, for better understanding the situation. In particular, it is necessary to 

highlight the components of the forces acting on the piston, for determining the force 

transmitted by the rod to the crankshaft; even this latter force has a tangential component 

(that generates the motor torque) and a radial component. In Figure 18 the system is 

schematized and all the forces and their components are shown; the light blue arrows 

represent the forces calculated in the previous paragraphs, while the red arrows represent 

the force that will be calculated in this paragraph and that will be used for the assessments. 

 
Figure 18 - Schematization of the slider crank mechanism with the forces applied 

The meaning of the symbols of Figure 18 is reported in the following table (Table 9): 

 
Table 9 ï Meaning of the symbols 

Symbol Meaning 

p Pressure generated in the combustion chamber 

Fp Force generated by the pressure that acts on the piston 

Fip Inertia force that acts on the piston 

F1 Force downloaded on the cylinder wall 

F2 Force transmitted by the rod 

T Tangential component of F2 downloaded on the crank 
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R Radial component of F2 downloaded on the crank 

Fc Centrifugal force of the crank 

L Length of the rod 

r Radius of the crank 

Ŭ Crank angle 

ɓ Rod angle 

 

For computing the components of the forces, it is necessary to apply simple trigonometric 

relations.  

The calculations for determining the components on the piston are the following: 

¶ The first parameter to find is the rod angle as a function of the crank angle 

‍ ÁÒÃÓÉÎ
ὶ

ὒ
ÓÉÎ‌  

¶ The total force that acts on the piston, which contains both the pressure and the inertia 

contribution 

Ὂᴆ Ὂᴆ Ὂᴆ 

¶ Force downloaded on the cylinder wall 

Ὂ ὊÔÁÎ‍ 

¶ Force transmitted by the rod 

Ὂ
Ὂ

ÃÏÓ‍
 

 

Once that the force transmitted by the rod has been determined, their components on the 

crank must be computed: 

¶ Radial component of the force transmitted by the rod 

Ὑ ὊÃÏÓ‌ ‍ 

¶ Tangential component of the force transmitted by the rod 

Ὕ ὊÓÉÎ‌ ‍ 

 

A schematization of the crankshaft helps to better understand how the radial and 

tangential components act on it. The simplified model is reported in Figure 19. 
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Figure 19 ï Schematization of the crankshaft with the applied forces 
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5.3 Crankshaft design 

The crankshaft design performed during this thesis work has received as input a starting 

model of this component, developed by the Robby Moto Engineering S.R.L. thanks to their 

experience in the engine field. However, there were some design steps that had to be 

done, such as the definition of the interference fit among the cranks and the central part 

of the crankshaft, the conical coupling between the alternator and the crankshaft output, 

the typical static and fatigue assessment and the modal analysis.  

5.3.1 Interference fit 

The interference fit is a type of coupling that is done by means of interference between a 

component that acts as a shaft and another that acts as a hub. In particular, the 

components that have to be joined in this way are the two cranks and the central part of 

the crankshaft, as shown in Figure 20 and in Figure 21. 

 

 
Figure 20 ï Coupling by interference fit of the main components of the crankshaft 

 
Figure 21 ï Longitudinal section view of the assembled crankshaft 

For designing the interference fit coupling, it is first necessary to evaluate the maximum 

torque that it undergoes, and then to determine the minimum interference that ensure a 

contact pressure able to guarantee the transmission of such torque. These steps have 
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been performed in an analytical way, as it will be shown in the next chapters. Once the 

minimum necessary interference has been found, we proceed with the determination of 

the dimensional tolerances, defining the interference range of the coupling. Then, after 

the designing procedure, two assessments (both static) have been performed: 

¶ Static strength assessment, performed analytically and by FEM analysis using the 

maximum elastic interference to evaluate the generated stress in the components 

¶ Contact pressure assessment, performed with a FEM analysis using the minimum 

interference to evaluate whether the real minimum contact pressure guarantees 

the torque transmission 

5.3.1.1 Analytic design 

The analytic design of the interference fit consists of determining the dimensional 

tolerances of the component that acts as a shaft and the one that acts as an hub, that 

guarantee the proper range of interference; a proper range of interference is characterized 

by a minimum value that allows the torque transmission without slippage and a maximum 

value that does not break the coupling.   

The first quantity to calculate is the torque that pass through the coupling. For computing 

this quantity, it is necessary to evaluate the internal action of the crankshaft in terms of 

torsion. Since the forces are a function of the crank angle, the internal actions have been 

calculated as a function of the crank angle as well. The most critical case has been 

determined for a crank angle equal to 25°. The crankshaft beam model is reported in 

Figure 22, with the loads that contribute to the torque. The configuration of the loads 

shown in this figure is for a crank angle equal to 25°, value for which the most critical value 

has been found. Moreover, the sign of the forces and reaction forces reported in the 

following calculations is coherent with the model. 

 
Figure 22 ï Model of the crankshaft for determining the internal action of torsion 

 

The dimensions of the crankshaft model of the above figure (Figure 22) are reported in 

the following table (Table 10Table 10 ï Dimensions of the crankshaftôs model) 
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Table 10 ï Dimensions of the crankshaftôs model 

Variable name Value Unit 

a 49 mm 

b 30.7 mm 

c 46 mm 

d 24.5 mm 

 

From this point on, all the reported values in this paragraph are related to the crank angle 

Ŭ=25°.  

Then, for evaluating the internal actions, the reaction forces XA and XB must be 

calculated, given the values of the two forces T1 and T2. 

 

Ὕρ‌ ςυЈρυτπ ὔ Ὕς‌ ςυЈρρτωχ ὔ 

 

The reaction force XA is calculated by a rotational equilibrium in the plane x-z respect to 

B 

  

ὓ ὢὃϽὥ ςὧ Ὠ ὝρϽ
σ

ς
ὧ Ὠ ὝςϽ

ρ

ς
ὧ Ὠ π 

ὢὃ
ὝρϽ

σ
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ρ
ςὧ Ὠ

ὥ ςὧ Ὠ
τρτψ ὔ 

 

While the reaction force XB is calculated by a force equilibrium in the direction of the x 

axis  

 

Ὂ ὢὃ Ὕρ Ὕς ὢὄ π 

ὢὄ Ὕρ Ὕς ὢὃ ψψτυ ὔ 

 

 

The resistance torque Tr is computed by a rotational equilibrium around the longitudinal 

axis of the crankshaft, that is in z direction 

 

Ὕᾀ Ὕ ὝρϽὦ ὝςϽὦ π 

Ὕὶ Ὕς ὝρϽὦ σπφτρχ ὔάά 

 

Finally, it is possible to determine and draw the internal action diagram of the torsion 

(Figure 23).  
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Figure 23 - Torsion diagram of the beam model of the crankshaft for the most critical case (Ŭ=25°) 

As shown in the above diagram (Figure 23) the higher torsion is in the upper branch 

(branch 2) and so the interference fit will be designed by looking at that part of the 

crankshaft; such part represent the coupling between the posterior crank and the central 

part of the crankshaft (Figure 24). 

 
Figure 24 ï Representation of the most stressed coupling, that is the one between the posterior crank and the 

central part of the crankshaft 

Once the maximum torque to be transmitted has been found, the next step is to determine 

the interference needed. Such interference must guarantee a contact pressure that can 

generates the tangential stress for the torque transmission. Of course, the relation among 

the pressure and the tangential stress depends on the friction coefficient, that in this case 

is the static friction coefficient steel to steel f=0.2. Such relation is given by the following 

expression. 

 

† ὪϽὴ 

 

Now the tangential stress (†) must be expressed as a function of the maximum torque, in 

order to find its value. 

 

Ὕ †ϽὶϽὨὃ †ϽὶϽὶϽὒϽὨ‌ †ϽὶϽὒϽς“ 

 

†
Ὕ

ς“ὶὒ
ρρȢψ ὓὖὥ 

 

1 

2 

3 
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By substituting the expression of the tangential stress in the relation that links it to the 

pressure by means of the friction coefficient, and making the pressure explicit, the 

following formula is obtained. 

 

ὴ
†

Ὢ

Ὕ

ς“ὶὒὪ
υω ὓὖὥ 

 

The obtained value represents the minimum pressure that the interference must provide 

in order to ensure the necessary tangential stress for the torque transmission, given the 

friction coefficient steel to steel. 

Finally, the value of the interference needed can be calculated by its definition, that is the 

difference between the bigger diameter (the one of the shaft) and the lower diameter (that 

is the one of the hub). 

 

Ὥ Ὠ Ὠ 

 

Since both the diameter of the shaft and of the hub are unknown, the above formula must 

be developed more into the detail, obtaining the interference as a function of the pressure. 

So, first of all, it has to be expressed as a function of the circumferential strains. 

  

Ὥ ЎὨ ЎὨ ‐ȟϽὨ ‐ȟϽὨ Ὠ Ͻ‐ȟ ‐ȟ  

 

Then, the constitutive laws of the circumferential strain of both the shaft and the hub will 

be substituted in the above formula. Since the shaft and the hub are made of the same 

material, the Young modulus and the Poissonôs ratio are the same, and so they will be 

group. The constitutive laws are the followings two.   

 

Ὤόὦȡ ‐ȟ
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Ὁ
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Ὁ
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And the circumferential and radial stresses, in the case of the hollow disk, are in their turn 

substituted in the constitutive laws equations. The circumferential and the radial stresses 

are reported here below. 

 

Ὤόὦȡ
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Where the terms ὥ and ὥ represent the ratio among the external and internal diameters 

(or the rays) of the two components, as shown in Figure 25. 
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Figure 25 ï External and internal radius of the hub and of the shaft 

The final expression of the interference as a function of the pressure is then obtained. 

Moreover, a service faction ks=2 has been used, for doubling the pressure to be ensured, 

in order to obtain a more conservative result (conservative for a slippage point of view). 
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Once that the minimum elastic interference has been determined, the dimensional 

tolerances must be selected. The needed information is about the tolerance class of the 

two components, that in this case is IT7 for the hub and IT6 for the shaft, and about the 

surface roughness of the contact surfaces, that are Ra=2 ɛm for the hub and Ra=1.6 ɛm 

for the shaft. Given this two information, the dimensional tolerances should be selected 

for ensuring an interference that is equal or higher to the minimum elastic one. In this case 

the choice has fallen on an h for the shaft and a V for the hub. Se the final dimensions 

are: 

 

 
 

3(!&4 σπÈχȢ
Ȣ  (5" σπ6χȢ

Ȣ
 

Where the nominal diameter is Ὠ σπ άά. 

Now the real minimum and maximum interferences can be evaluated. 

 

Ὥ ȟ Ὠȟ Ὠȟ ςὙὥ ςὙὥ χυȢς ‘ά 
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Ὥ ȟ Ὠȟ Ὠȟ ςὙὥ ςὙὥ ρρφȢς ‘ά 

 

Once that the tolerances have been found, he next step is to perform the assessments. 

5.3.1.2 Analytic static strength assessment 

The analytic static strength assessment is performed to ensure that the coupling will not 

break as soon as the shaft is forced into the hub. This assessment is done by extracting 

the pressure as a function of the maximum elastic interference (that is the maximum 

interference without considering the roughness), and then calculating the hoop and radial 

stresses using the hollow disk with internal and external pressure formulation. It is 

important to underline that such method assumes a constant pressure all over the contact 

while in the reality it is variable in function of the position (this is why the FEM assessment 

has to be performed). 

The maximum elastic interference is calculated in this way: 

 

Ὥ ȟ Ὥ ȟ ςὙὥ ςὙὥ ρπω ‘ά 

 

This value is then put into the equation of the interference, making the pressure explicit. 
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The maximum contact pressure is then used for the hollow disk formula, simulating a 

situation reported in Figure 26: for the hub the pressure is internal while for the shaft the 

pressure is external. 

 

 
Figure 26 ï Hub and shaft with the maximum contact pressure applied 

Then, after the computation of the contact pressure, the radial and the circumferential 

stresses in the most stressed points must be evaluated.  

The used criteria for the static assessment is the Guest-Tresca one, and so it is necessary 

to evaluate the principal stresses for both the components in the most critical zones. The 

principal stress to be evaluated for the hollow disk are the radial and the circumferential, 
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while the axial is always considered null. The expressions of those stresses, in the contact 

surface zone, are the same used for the interference fit design. 
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Once that the principal stress in the contact zone have been found, the Guest-Tresca 

stresses must be evaluated and then compared to the yielding strength of the material. 

 

Ὤόὦȡ „ ȟ „ȟ „Ȣ φωω ὓὖὥ ίὬὥὪὸȡ „ ȟ „ ȟ „ȟ ςφφ ὓὖὥ 

 

For both the components the Guest-Tresca stress is below the yielding strength (ůy=735 

MPa) and the safety factor are the following. 
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The safety factor of the hub is very close to the unitary value but, since this is a static 

assessment and the load is not cyclical, the interference fit is from a static point of view 

safe. 

The shaft has been assessed also in his inner surface, that has proven to be more 

stressed that the contact surface. 
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The Guest-Tresca value in the inner radius of the shaft is the following. 

 

ίὬὥὪὸȡ „ ȟ „ ȟ „ȟ τχω ὓὖὥ 

 

Obtaining a safety factor bigger than the unit. 
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A recap of the analytic results is reported in the following table (Table 11). 
Table 11 ï Results of the analytic calculations on the hub and on the shaft 

Hub contact surface 

Hoop stress 
Radial 

stress 
Axial stress  Guest-Tresca stress 

486 MPa -213 MPa 0 MPa 699 MPa 

Shaft contact surface 

Hoop stress Radial stress Axial stress  Guest-Tresca stress 

-266 MPa -213 MPa 0 MPa 266 MPa 

Shaft contact surface 

Hoop stress Radial stress Axial stress  Guest-Tresca stress 

-479 MPa 0 MPa 0 MPa 479 MPa 

 

Concluding, the interference fit between the posterior crank and the central part of the 

shaft is statically safe from an analytical point of view. However, a more detailed analysis 

made by means of a FEM software (Abaqus) has been necessary.  

5.3.1.3 FEM static strength assessment 

The FEM static strength assessment has been performed by using the maximum elastic 

interference. The purpose of this assessment is to verify the real trend of the pressure 

along the contact surface. Indeed, the analytical assessment considers the pressure as 

uniformly distributed along the coupling. 

The two components to be modelled are the posterior crank (that acts as the shaft) and 

the central part of the crankshaft (that acts as the hub). They have been modelled by using 

CAX4R (A 4-node bilinear axisymmetric quadrilateral, reduced integration, hourglass 

control), in order to get the consistent results quicker than using a three-dimensional 

model. In Figure 27 it is shown how the two components have been modelled from a 

geometrical point of view. Since the used elements are axisymmetric, it has been sufficient 

to define their section. Moreover, their final assembly is reported in Figure 28. 

 

 

 
Figure 27 - Longitudinal section of the crankshaft, geometry of the shaft (up-left) and geometry of the hub (up-

right)  
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Figure 28 ï Assembly of the shaft and the hub 

The maximum elastic interference is totally provided by increasing the external radius of 

the shaft, while the inner radius of the hub is the nominal one. The used values for the 

coupling are reported below; all the other dimensions have been taken from the drawing. 

 

Ὥ ȟ Ὥ ȟ ςὙὥ ςὙὥ ρπω ‘ά 

 

Ὤόὦȡ ὶȟ
Ὠ

ς
ρυ άά ίὬὥὪὸȡ ὶȟ

Ὠ

ς

Ὥ ȟ

ς
ρυȢπυτυ άά 

 

The sketches of the axisymmetric section of the shaft and of the hub, with the dimensions 

reported, are reported in the following figure (Figure 29). 

 
Figure 29 ï Sketches of the axisymmetric section of the shaft and of the hub used in the FEM static strength 

assessment 

The interaction between the two surfaces has been defined as a surface to surface contact 

(in the Abaqus interaction module), specifying that is and interference fit and that friction 

is present. 

Since the most stressed component is the hub, its surface has been set as the slave, while 

the shaft surface has been set as the master. The interaction and its property are reported 

in a summary image in which all the steps are reported (Figure 30).  
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Figure 30 ï Abaqus definition of the interaction between the two surfaces 

In Figure 31 the final model with the interaction is shown, highlighting the master surface 

in red and the slave surface in purple. 

 

 
Figure 31 ï Surfaces involved in the interaction properties; the red surface, that belongs to the shaft, is the 

master, while the purple surface, that belongs to the hub, is the slave 

The mesh is finer for the hub, since it is the slave, while it is coarser for the shaft, since it 

is the master. In particular, the selected size of the grid selected for the hub is 0.5, while 

for the shaft is 0.8. In Figure 32 the meshed model of the two components involved in the 

interference fit coupling is shown. 
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Figure 32 ï Meshed model of the two components involved in the coupling 

The FE model, which better approximates the reality than the analytical model, shows the 

presence of other stress components in addition to the hoop and radial, such as the axial 

and the in plane shear. But this is not a problem, since for the static assessment it is 

sufficient the Mises equivalent stress, that is provided by the software itself.  

In Figure 33, the results of the first FEM analysis of the coupling are shown, in particular 

the Mises stress.    

 

 
Figure 33 ï Results of the first FEM analysis in terms of Von Mises stress 

A deeper analysis of the principal stresses of both the hub and the shaft has been done, 

also for a comparison with the stresses analytically found. 

 

Hub 

 

Concerning the hub, the trend of the stresses has been extrapolated from the path shown 

in Figure 34. 

 

 
Figure 34 ï Path on the contact surface of the hub used for the stresses extrapolation 
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In the following graphs, the trends of the hoop and of the radial stresses and of the 

equivalent Mises stress extracted from the above path are shown and commented: 

1. Hoop and radial stresses  

 

 
Figure 35 - Trend of the hoop and radial stresses of the contact surface of the hub 

2. Mises equivalent stress 

 

 
Figure 36 ï Trend of the Mises equivalent stress of the contact surface of the hub 

From the above graph it is noticeable that the Mises equivalent stress exceed the yielding 

limit, making necessary a plastic FEM analysis, for evaluating the yielded zone magnitude. 
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Shaft 

 

Concerning the shaft, the trend of the stresses has been extrapolated from the two paths 

shown in Figure 37: 

 

 
Figure 37 - Paths used for the stress extrapolation: the one above is the path on the contact surface while the 

one below in the path on the inner surface of the shaft 

The stresses have been evaluated also in the inner surface of the shaft because this latter 

one is more stressed than the contact surface. In the following graphs, the trends of the 

hoop and of the radial stresses and of the equivalent Mises stress extracted from the 

above paths are shown and commented: 

3. Hoop and radial stresses on the contact surface 

 

 
Figure 38 - Trend of the hoop and radial stresses of the contact surface of the shaft 
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4. Mises equivalent stress of the contact surface 

 

 
Figure 39 - Trend of the Mises equivalent stress of the contact surface of the shaft 

From the above graph it is possible to see that the Mises equivalent stress is below the 

yield strength all over the contact length, thus the component is statically safe. 

5. Hoop and radial stresses on the inner surface 

 

 
Figure 40 ï Trend of the hoop and radial stresses on the inner surface of the shaft 
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6. Mises equivalent stress on the inner surface 

 

 
Figure 41 - Trend of the Mises equivalent stress on the inner surface of the shaft 

From the above graph it is possible to see that the Mises equivalent stress is below the 

yield strength all over the contact length, thus the component is statically safe. 

 

Since the hub contact surface shows a Mises equivalent stress that is locally higher than 

the yield strength, a second FEM analysis for deeper investigating this part has been 

performed. In particular, the modification did to the first analysis are: the mesh in the 

investigated zone of the hub has been refined, the element type used is CAX8R (An 8-

node biquadratic axisymmetric quadrilateral, reduced integration), and the plastic 

properties of the material have been set. In this way an elasto-plastic evaluation has been 

done, and the extension of the yielding zone is reported in Figure 42, in terms of equivalent 

plastic strain (PEEQ).  

 

 
Figure 42 - Results of the second FEM analysis in terms of equivalent plastic strain PEEQ 

The maximum equivalent plastic strain value is of 0.59 % and the plasticized zone is width 

about 0.5 mm and high about 0.5 mm, thus is very small both in terms of value and 

extension. Moreover, since the interference fit generates a constant stress over the time, 
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the yielding is static and not cyclic. In addition to this, it is to be remembered that this is a 

limit condition, statistically unlikely. 

In the following table (Table 12) a recap of the first FEM static strength assessment results 

is reported. 

 
Table 12 ï Results of the first FEM analysis 

First FEM analysis: elements type CAX4R 

Hub contact surface 

Max abs 

hoop stress 

Avg hoop 

stress 

Max abs 

radial stress 

Avg radial 

stress 

Max abs 

Mises stress 

Avg Mises 

stress 

531 MPa 484 MPa -539 MPa -230 MPa 790 MPa 608 MPa 

Shaft contact surface 

Max abs 

hoop stress 

Avg hoop 

stress 

Max abs 

radial stress 

Avg radial 

stress 

Max abs 

Mises stress 

Avg Mises 

stress 

-360 MPa -294 MPa -443 MPa -238 MPa 231 MPa 152 MPa 

Shaft inner surface 

Max abs 

hoop stress 

Avg hoop 

stress 

Max abs 

radial stress 

Avg radial 

stress 

Max abs 

Mises stress 

Avg Mises 

stress 

-522 MPa -454 MPa -39 MPa -34 MPa 520 MPa 412 MPa 

 

In the following table (Table 13) a recap of the second FEM static strength assessment 

results is reported. 
Table 13 ï Results of the second FEM analysis 

Second FEM analysis: elements type CAX8R 

Hub contact surface 

Max equivalent plastic strain Yielded zone width Yielded zone height  

0.59% 0.5 mm 0.5 mm 

 

Concluding, at the end of the FEM static strength analysis, performed with the maximum 

elastic interference, the interference fit has shown a safe static behaviour.  

5.3.1.4 FEM contact pressure assessment 

The FEM contact pressure assessment has been performed by using the minimum elastic 

interference, for being sure that the minimum average contact pressure is guaranteed all 

over the contact surface. Using the elastic interference instead of the ISO interference 

(that takes into account the roughness) makes this analysis more conservative. The model 

of the coupling is the same used in the precedent paragraph (5.3.1.3), except for the 

external radius on the shaft that in this case must provide the minimum elastic interference 

instead of the maximum one. 

The minimum elastic interference and the external shaft radius and internal hub radius are 

reported below. 
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The sketches of the axisymmetric section of the shaft and of the hub, with the dimensions 

reported, are reported in the following figure (Figure 43). 

 

 
Figure 43 - Sketches of the axisymmetric section of the shaft and of the hub used in the FEM contact pressure 

assessment 

The elements type used is CAX4R (A 4-node bilinear axisymmetric quadrilateral, reduced 

integration, hourglass control). The meshed model is shown in the following picture (Figure 

44). 

 

 
Figure 44 ï Meshed model used for the FEM contact pressure assessment 

The radial stress (S11 in this case) behaviour, found as a result of the FEM analysis, is 

shown in Figure 45.  

 

 
Figure 45 ï Radial stress S11 found as a result from the FEM analysis with the minimum elastic interference 
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For the evaluation of the contact pressure, which is given by the radial stress on the 

contact surface, a path (Figure 46) has been implemented on the contact surface of the 

hub (if the path was implemented on the contact surface of the shaft the results would be 

the same for equilibrium).  

 

 
Figure 46 ï Path implemented on the contact surface of the hub, used for the extraction of the radial stress S11 

The real and average radial stress taken from the path is reported and compared with the 

minimum needed pressure in the following graph (Figure 47).  

 

 
Figure 47 ï Contact pressure trend with the minimum elastic interference 

From the above graph, it is possible to see that the average contact pressure in higher 

than the minimum needed pressure (that has been doubled respect to the real needed 

value) but also the real contact pressure in higher than the needed one all over the contact 

surface. This means that the coupling can transmit the maximum torque.  

The average contact pressure, the needed pressure and the doubled needed pressure 

(that is the one reported in the above graph) are in Table 14. 

 
Table 14 ï Contact pressure on the contact surface of the hub 

Contact pressure on the contact surface of the hub 

Average contact pressure Needed contact pressure Doubled needed contact 

pressure 

144 MPa 59 MPa 118 MPa 
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5.3.2 Static assessment of the crankshaft 

The static assessment of the crankshaft is the procedure that ensure that the component 

works into the elastic field and so its integrity when the maximum loads are applied. So, 

since the forces are a function of the crank angle, it is necessary to find the most critical 

case. For better understanding the situation, the trend of the variable forces (those coming 

from the rod) as a function of the crank angle is reported in Figure 48, for the regime of 

4000 rpm. 

 

 
Figure 48 - Variable forces on the crankshaft @ 4000 rpm 

As it is possible to understand from the above figure, the index 1 refers to the piston that 

acts on the posterior crank, while the index 2 refers to the piston that acts on the anterior 

crank.  

The selected cases for the static assessments are those in which the forces assume the 

absolute maximum value. In particular, there are four critical situations, that are reported 

in the following table (Table 15). 
Table 15 ï Values of the forces of the critical cases 

Critical cases used for the static assessment 

Crank angle [deg] R1 [N] T1 [N] R2 [N] T2 [N] 

14 -3066.8 -1004.46 25266.31 8275.393 

25 -2442.77 -1540.47 18230.87 11496.81 

374 25266.31 8275.393 -3066.8 -1004.46 

385 18230.87 11496.81 -2442.77 -1540.47 
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The values of the forces in the table have been taken from an Excel sheet and the cells 

highlighted are those who contain maximum absolute value for the related crank angle, 

and so are the reason of the selection of this latter one. In a nutshell: the crank angle of 

14° has been selected because R2 reaches its maximum value, 25° has been selected 

because T2 reaches its maximum value, 374° has been selected because R1 reaches its 

maximum value and 385° has been selected because T1 reaches its maximum value. 

Those forces do not take into consideration the contribution of the centrifugal force, so 

also this latter must be considered separately. Differently from what has been done in the 

force paragraph (5.2.2), the contribution of the crank plus the rod and the contribution of 

the equilibrium mass will be treated independently, for a more accurate assessment. The 

situation described is shown in Figure 49. 

 
Figure 49 - Centrifugal forces on the crankshaft @ 4000 rpm 

Remembering that the equilibrium masses that generate Fc1 and Fc2 are equal to 0.827 

kg each one and the masses of the crank plus the rotational masses of the rod that 

generate Rc1 and Rc2 are equal to 0.412 kg each one, and that the crankshaft is spinning 

at 4000 rpm (419 rad/s), the values of the centrifugal forces are: 

Ὂ Ὂ ά ‫ὶ ρπφυ ὔ 

Ὑ Ὑ ά ά ȟ ‫ὶ ςςρψ ὔ 

In the FEM analysis the centrifugal force is better implemented in a more accurate way, 

since by defining the density of the material and the rotational speed of the crankshaft, the 

software automatically assigns a centrifugal contribution to each node. 

5.3.3 FE model of the crankshaft 

In this paragraph, it is explained how the FE model of the crankshaft has been 

implemented in the FE software, that is Abaqus. In particular, the principal features of the 

model are explained here, those that are common in all the assessments that use this 

model. All the modifies to the here explained model will be specified when necessary. 

For defining the model, the components of the crankshaft, that are the posterior crank, the 

central part of the crankshaft and the anterior crank, have been imported as parts from 

the CAD software (SolidWorks) to the FE software (Abaqus), in ñ.Stepò format. They are 

shown in Figure 50. 
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Figure 50 ï Imported models of the posterior crankshaft (1), the anterior crankshaft (2) and the central part of the 

crankshaft (3) 

The posterior and the anterior cranks are joined by means of interference fit to the central 

part of the crankshaft, and so the diameter of the holes of this latter component has been 

changed in the CAD software (before the importation), in order to provide the whole 

interference. The cases under analysis are two, the one with consider the maximum elastic 

interference, used for both the static and fatigue analysis and the one with the minimum 

elastic interference, used for the evaluation of the coupling state (absence of slippage). 

For the maximum elastic interference case (109 ɛm), the diameter of the holes is reduced 

from the nominal value, that is 30 mm, to 29.891 mm, while for the minimum elastic 

interference case (68 ɛm) the diameter is reduced to 29.932 mm. The coupling in Abaqus 

has been performed in the same way for both cases. All the other dimensions are the 

nominal ones. The drawings of the central part of the crankshaft, with the diameter of the 

holes in the two cases, are reported in Figure 51. 

 

 
Figure 51 ï Dimensions of the diameters of the two holes in the case of maximum elastic interference and 

minimum elastic interference 

A very important thing to underline is that it has been necessary to partition in more cells 

all the components, for delimiting both some important surfaces (such as those used in 

the interaction section) and the critical zones that need a very fine mesh and a certain kind 

of reliable elements. The partitioning of the components has been done iteratively, by 

looking at the most stressed zones until an acceptable precision arose. The partition done 

since the first analysis are those related to the contact surfaces and to the constraint and 

forces distribution. 
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The material characteristics assigned for this analysis are both elastic properties (Young 

modulus and Poissonôs ratio) and density, simulating the steel properties. The values used 

as input for the FE software are reported in the following table (Table 16). 
Table 16 ï Material properties used for the FEM analysis of the crankshaft 

Material properties of the crankshaft 

Parameter Variable name Value Unit 

Young modulus E 207000 MPa 

Poissonôs ratio v 0.3 - 

Density ɟ 7.8e-9 ton/mm3 

 

This material has been assigned to the whole model. No plastic properties, such as the 

yielding strength, has been defined, because the analysis is fully elastic. The density of 

the material is useful for the definition of the centrifugal force, as it will be shown later on.   

Once the material properties have been defined, the components have to be assembled 

in the assembly section, by putting them in the proper position to compose the complete 

crankshaft. In Figure 52 is reported the assembled model of the crankshaft. 

 

 
Figure 52 ï Assembled model of the crankshaft 

Then, two static general steps have been created, one only for the interference and one 

only for the rotation load, that are common for all the FEM analysis performed on the 

crankshaft. Each step is based on the precedence, in order to obtain the effects 

superposition. These two operations (the interference and the rotation) have been divided 

among the steps (and not all put in only one static general step) for avoiding computational 

error. Indeed, in the first attempt, the interference and the rotation were in the same static 

general step, and the software was not able to process the model. 

After the definition of the steps, it has been necessary to proceed to the interaction section, 

for modelling the interference fit and for defining the zones in which the forces and the 

constrain are distributed. Indeed, the loads and the constants are not concentrated in 

points, as assumed in the analytic static strength assessment (to consider the forces as 

concentrated in points has given a more conservative result).  

The two interference fit interactions have been modelled as a surface to surface contact 

in the first crated step (named Interference). The surface involved are the external 
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surfaces of the crank pins and the internal surfaces of the holes of the central part of the 

crankshaft. An example of this coupling is shown for the posterior crank, for which the 

external surface of the crank pin is set as slave surface, while the internal surface of the 

related hole of the central part of the crankshaft is set as master surface. The two surfaces 

are shown in Figure 53. 

 

 
Figure 53 ï Slave surface of the posterior crank pin (purple area on the left component) and master surface of 

the hole of the central part of the crankshaft (red area on the right component) 

A section view of the coupling among the posterior crank and the central part of the 

crankshaft is shown Figure 54.   

 

 
Figure 54 ï Section view of the coupling among the posterior crank and the central part of the shaft 

The properties of this interaction have been defined both for the tangential behaviour and 

for the normal behaviour. Concerning the tangential behaviour, it is necessary to specify 

that there is friction among the two components, and it has been implemented by the 

penalty friction formulation (Figure 55). The normal behaviour has been defined as an 

ñHardò contact, leaving all the parameters at their default status (Figure 55). 
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Figure 55 ï Interaction properties defined for the interference fit 

This procedure also applies for the interference fit between the pin of the anterior crank 

and the related hole of the central part of the crankshaft. 

After the definition of the interference fit, some couplings among reference points and 

surfaces have been created. The aim of these couplings is to distribute the constraints of 

the crankshaft and the loads over a defined surface. The surface selected for the 

constraints is simply the surface of the bushing bearings of the bench while the surface 

selected for the loads is the surface of the bushing bearing of the head of the rod. The 

bushing bearings of the crankshaft are shown in Figure 56. 

 

 
Figure 56 ï Bushing bearings of the crankshaft that have been modelled in the FE model  

For modelling the coupling, four reference points have been positioned in the middle of 

the zones that represent the bushing bearings, in which the boundary conditions and the 

loads will be applied. These reference points have been coupled with delimited surfaces, 

for distributing the constraints and the loads. In Figure 57 the position of the reference 

points and their related surfaces are illustrated. For being more conservative, the surface 

on which the loads are downloaded on the crankpin is lower than the real one. Moreover, 

all the coupling types are the kinematic. 
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Figure 57 ï Section view of the crankshaft in Abaqus, with the four reference points (red dots) coupled with their 

related surface (red dashed lines) 

In the load section of Abaqus, both the boundary conditions and the loads have been 

defined, applying them to the reference points previously created. The boundary 

conditions have been applied to the reference point 1 (RP-1) and 4 (RP-4), in the initial 

step. In RP-1 the degrees of freedom constrained are the transversals (U1 is the x 

direction and U2 is the y direction), for simulating the roller behaviour, and the torque 

(UR3) for simulating the resistance torque (Figure 58). 

 

 
Figure 58 ï Boundary condition positioned in RP-1 that simulates the roller (U1 and U2 blocked) and the 

resistance torque (UR3 blocked) 

In RP-2 the degrees of freedom constrained are the two transversals (U1 and U2) and the 

axial one (U3), in order to simulate an hinge behaviour (Figure 59). 

 

 
Figure 59 ï Boundary condition positioned in RP-4 that simulates the hinge (U1, U2 and U3 blocked) 
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The loads that have been applied to the crankshaft FE model are the centrifugal force and 

those coming from the rods. 

The centrifugal force has been implemented in the step that follows the interference step, 

by giving to the software the rotational speed and the axis of rotation to the FE software. 

The selected type of load is ñRotational body forceò, and it requires the density of the 

material (defined with the material features), the axis of rotation and the angular speed. In 

Figure 60 the definition of this kind of load is illustrated. 

 

 
Figure 60 ï Definition of the centrifugal force in the Rotation step, selecting the ñRotational body forceò on the left 

and writing in the angular speed of 419 rad/s on the right  

The centrifugal force is in this way applied on each element of the FE model, and not in 

determined points as in the beam model used for the analytical calculation. Due to this the 

results will be for sure more accurate from this perspective. This load applies for all the 

analysis performed with the FE model of the crankshaft. The appearance of the centrifugal 

force on the FE model is shown in Figure 61. 

 

 
Figure 61 ï Centrifugal force that appears on the model after the definition of this type of load 

The forces coming from the rods, are defined as concentrated loads, because they have 

been directly applied to the reference point 2 (RP-2) and 3 (RP-3). Since this model has 

been used for analysing different loads configurations, each one representing a crank 
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angle, different steps have been created for the different load configuration. In particular, 

the crank angles simulated are reported in Table 17, specifying for which analysis have 

been used.  
Table 17 ï Crank angles used for the different analysis 

Crank angle [deg] Static assessment Fatigue assessment Slippage assessment 

0 
   

14 
   

25    
180 

   

360 
   

374 
   

 

The forces that act on the pin of the posterior crank are named R1 and T1, while the force 

that act on the other pin are R2 and T2. Their values, related to the crank angles/steps, is 

reported in Table 18. The signs of the forces are coherent with the global reference system 

of Abaqus. 
Table 18 ï Values of the loads used in the different FEM analysis  

Crank angle [deg] R1 [N] T1 [N] R2 [N] T2 [N] 

0 3388 0 15959 0 

14 3022 -1066 25094 -8848 

25 2509 -1540 19144 -11497 

180 1832 -23 -1832 23 

360 -15959 0 -3387.25 0 

374 -25094 8848 -3022 1066 

 

In Figure 62 an example of the FE model with the loads applied for the crank angle of 374° 

(the related step is named Alpha_374) is illustrated. 

 

 
Figure 62 ï FE model with the loads coming from the rods applied, in particular for the crank angle of 374° (step 

named Alpha_374) 
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Last but not the least, the elements type and the mesh have been defined for the whole 

model, and thanks to the partitioning of the components, it has been possible to use 

different elements and different mesh size for the partitions depending on their relevance. 

In the most relevant areas, such as the fittings, the elements used is the C3D20R (A 20-

node quadratic brick, reduced integration), while in all the other zone the C3D10 (A 10-

node quadratic tetrahedron) elements have been selected. In Figure 63 the different 

element types used are shown; the green and the yellow partitions are those for which a 

more precise analysis is required and so the C3D20R elements are used, while in the 

remaining cells (pink coloured) C3D10 elements are used. 

 

 
Figure 63 ï Elements type used for the components of the anterior crank (1), posterior crank (2) and the central 

part of the crankshaft (3); the C3D20R are the green and the yellow zones while the C3D10 are the remaining 

pink zones 

The dimension of the mesh depends on the partition in which it applies, going from a very 

fine grid in the green and yellow parts to a very coarse grid in the pink parts. A picture of 

the meshed FE model of the pin of the posterior crank is shown in Figure 64; from that 

image it is noticeable how the mesh effort has been focused on the fitting radius of the pin 

of the crank, and vice versa how the mesh is left coarse in the other parts. 

 

 
Figure 64 ï Example of how the mesh has been implemented for the pin of the posterior crank 

The FE model of the crankshaft, described up to now, has been developed iteratively 

during the FEM analysis phase, in order to obtain the best results in the zones of interest.  
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5.3.3.1 Analytical static strength assessment 

The analytical static assessment has been performed as a preliminary analysis of the 

crankshaft, to assess that the section of the cranks (where the forces coming from the rod 

are applied) is not undersized and to identify the most critical loads condition. For the 

assessment, the beam model of the crankshaft has been used, and the internal actions 

have been computed for the 4 critical cases. In Figure 65 it is shown the beam model of 

the crankshaft, with all the loads applied and for a generic crank angle. The direction of 

the centrifugal forces Fcs and Rcs does not change during time, as well as their value (for 

a constant rotational speed), while the direction of all the other forces do; this means that 

when R1, T1, R2, T2 have positive sign, their direction is concord with the one reported in 

Figure 65 and vice versa, while the Fcs have the direction of Figure 65 independently from 

their sign. 

 
Figure 65 - Beam model of the crankshaft for a generic crank angle, with the loads applied. 

The assessment has been performed only for the cranks (where the rod delivers the force) 

because they are the most stressed zones in terms of internal actions. All the other parts 

of the crankshaft have been statically assessed by means of the FEM analysis. 

For the calculation of the internal actions, the forces have been divided among those that 

act in x-z plane and those that act in the y-z plane. Moreover, concerning the y-z plane, 

the variable internal actions have been computed separately from the constant internal 

actions.  

The first internal action that will be computed is the bending moment generated by the 

constant force, in the plane y-z. The beam model with the constant centrifugal force and 

their related internal actions is in Figure 66 while the bending moment diagram is shown 

in Figure 67. 
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Figure 66 - Beam model of the crankshaft with the centrifugal forces applied 

 
Figure 67 ï Bending moment diagram related to the constant centrifugal forces 

The bending moment values along the cranks, due to the constant centrifugal forces, are 

reported in Table 19 and the highlighted cell contains the highest one. 
Table 19 ï Bending moment values along the cranks due to the centrifugal forces 

Bending moment along the cranks due to constant centrifugal forces 

Section point 2 3 4 5 6 7 

Bending moment [Nmm] 1192 26250 298 298 25653 596 

 

Then, even in this case for the plane y-z, the bending moment has been computed for the 

variable force, for all the 4 critical cases.The beam model of the crankshaft for the crank 

angles of 14° and 25°with the variable loads applied is reported in Figure 68 and in Figure 

69 is qualitatively reported its bending moment diagram.  
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Figure 68 ï Beam model of the crankshaft with the variable loads that act on the y-z plane applied, valid for the 

crank angles of 14° and 25° 

 
Figure 69 ï Bending moment diagram in the plane y-z for the crank angles of 14° and 25° 

The values of the bending moment in the two cranks for the angles of 14° and 25° are 

reported in the following table (Table 20), and the highlighted are the higher for the given 

angles. 
Table 20 ï Bending moments along the cranks for the crank angles of 14° and 25° 

Bending moment [Nmm] along the cranks for crank angle of 14° and 25° 

Section point 2 3 4 5 6 7 

Ŭ=14° 440229 646867 782969 782969 919070 474047 

Ŭ=25° 324012 476099 572002 572002 667905 344499 

 

The beam model of the crankshaft for the crank angles of 374° and 385°with the variable 

loads applied is reported in Figure 68 and in Figure 69 is qualitatively reported its bending 

moment diagram.  
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Figure 70 ï Beam model of the crankshaft with the variable loads that act on the y-z plane applied, valid for the 

crank angles of 374° and 385° 

 

Figure 71 ï Bending moment diagram in the plane y-z for the crank angles of 374° and 385° 

The values of the bending moment along the cranks, for the crank angles of 374° and 

385°, are reported in the following table (Table 21). The highlighted cells represent the 

highest values for the given crank angle in the related section point. 
Table 21 ï Bending moments along the cranks for the crank angles of 374° and 385° 

Bending moment [Nmm] along the cranks for crank angles of 374° and 385° 

Section point 2 3 4 5 6 7 

Ŭ=374° 742571 1091125 858554 858554 625983 322875 

Ŭ=385° 539035 792051 625758 625758 459464 236987 

 

The total values of the bending moments (constant contribution plus variable contribution) 

that act in the plane y-z are shown in the following table (Table 22). 
Table 22 ï Total bending moments along the cranks that act in the y-z plane 

Bending moment [Nmm] of the y-z plane 

Section point 2 3 4 5 6 7 

Ŭ=14° 441421 673116 783267 783267 893417 473451 

Ŭ=25° 325204 502348 572300 572300 642252 343902 

Ŭ=374° 741379 1064876 858256 858256 651636 323471 

Ŭ=385° 537843 765802 625460 625460 485118 237583 
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From the previous table it is noticeable that the constant contribution of the centrifugal 

forces is almost negligible respect to the variable bending moments. Indeed, the highest 

values (highlighted cells) remain the same. 

The internal actions in terms of bending moment have also been calculated in the plane 

x-z, considering only the variable contribution of T1 and T2. 

Even in this case the bending moment has been evaluated in the most critical case and 

so for the crank angles of 14°, 25°, 374°, 385°. It is to be noted that the resistance torque 

will not be reported in the following beam models because it is useless for the evaluation 

of the bending moments along the cranks (it will be useful later on). 

The beam model of the crankshaft for the crank angle of 14° and 25° with the forces that 

act in the x-z plane is reported in Figure 72 while the bending moment diagram for the 

same configuration is shown in Figure 73. 

 

 
Figure 72 ï Beam model of the crankshaft with the variable loads applied that act on the x-z plane applied, valid 

for the crank angles of 14° and 25° 

 
Figure 73 ï Bending moment diagram in the x-z plane for the crank angles of 14° and 25° 

The values of the bending moment in the x-z plane for the crank angles of 14° and 25° in 

the most critical points (the cranks) are reported in Table 23. 
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Table 23 ï Values of the bending moment in the x-z plane for the crank angles of 14° and 25° 

Bending moment [Nmm] along the cranks in the x-z plane for crank angles of 14° 

and 25° 

Section point 2 3 4 5 6 7 

Ŭ=14° 144187 211866 256443 256443 301020 155263 

Ŭ=25° 204329 300239 360718 360718 421197 217249 

 

The beam model of the crankshaft for the crank angle of 374° and 385° with the forces 

that act in the x-z plane is reported in Figure 72 while the bending moment diagram for 

the same configuration is shown in Figure 75. 

 
Figure 74 ï Beam model of the crankshaft with the variable loads applied that act in the x-z plane for the crank 

angles of 374° and 385° 

 

 
Figure 75 ï Bending moment diagram in the x-z plane for the crank angles of 347° and 385° 

The values of the bending moment in the x-z plane for the crank angles of 374° and 385° 

in the most critical points (the cranks) are reported in Table 24. 
Table 24 - Values of the bending moment in the x-z plane for the crank angles of 374° and 385° 

Bending moment [Nmm] along the cranks in the x-z plane for crank angles of 374° 

and 385° 

Section point 2 3 4 5 6 7 

Ŭ=374° 243212 357373 281199 281199 205026 105750 

Ŭ=385° 339928 499486 394617 394617 289749 149449 
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Once that all the bending moments have been evaluated for the two planes and for the 

most critical crank angles, the equivalent bending moment must be calculated for all the 

section points and for all the angles, with the Pythagoras theorem, as shown in the 

following formula.  

ὓ ȟ ὓ ȟ ὓ ȟ  

The equivalent bending moments are reported in the following table (Table 25). 
Table 25 ï Values of the equivalent bending moments along the cranks for all the crank angles 

Equivalent bending moments [Nmm] along the cranks for all the crank angles 

Section point 2 3 4 5 6 7 

Ŭ=14° 464373 705672 824178 824178 942765 498259 

Ŭ=25° 384067 585232 676494 676494 768045 406775 

Ŭ=374° 780253 1123244 903148 903148 683129 340319 

Ŭ=385° 636259 914297 739542 739542 565061 280679 

 

From the above table, it is clear that the most critical situation is the bending moment in 

section 3 for a crank angle of 374° (the highlighted cell in Table 25). Thus, the static 

analytic static assessment will be performed looking at that zone and considering a total 

yielding condition (without considering the stress concentration along the discontinuity). 

For the selected part, also the torque has been evaluated, for a more accurate analysis. 

The internal action of the torque, for a crank angle of 374° and given by T1 and T2, is 

shown in Figure 76. 

 

 
Figure 76 - Torsion diagram of the crankshaft for a crank angle of 374° 

The value of the equivalent bending moment and of the torque in the section 3 are 

respectively: 

 

ὓ ȟ ρρςσςττ ὔάά ὓ χπψσψ ὔάά 

 

The dimensions and the inertia properties of the section under investigation (Figure 77) 

are reported in  
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Figure 77 ï Section view of the critical zone (section 3) 

Table 26 ï Properties of section 3 

Section 3 properties 

Parameter Variable name Value Unit 

External diameter de 30 mm 

Internal diameter di 10 mm 

Moment of inertia about neutral axis Ixx 39267 mm4 

Polar moment of inertia Jp 78540 mm4 

 

Now, it is possible to evaluate both the normal and the shear stress in the most stressed 

part of section 3, which is situated on the surface of the crank, where the forces are 

applied. The criteria used for this static assessment is the Von Mises criteria, since the 

stress state is produced by a simple bending and torsion condition. The steps for the 

assessment, and so for the safety factor, are reported below. 

The normal and the shear stresses are computed as follow. 
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Then, the Von Mises stress is calculated. 

„ „ σ† τςωȢχ ὓὖὥ 

 

And finally, the safety factor (remembering that the yielding strength is 735 MPa) of the 

section 3 considering a total yielding condition. 

–
„

„
ρȢχ 

 

Since the value of the safety factor is higher than one, the crank is statically assessed. 

Of course, in this analysis, the geometric discontinuities, in which the stress is 

concentrated, have not been taken into consideration. Due to this, a FEM analysis is 

mandatory for a more detailed assessment, to guarantee the integrity of the complete 

crankshaft. 
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5.3.3.2 FEM static strength assessment 

The FEM static strength assessment has been performed using the FE software Abaqus, 

simulating the loads in the most critical case. The most critical case is the one found thanks 

to the analytical analysis, and in particular it is for a crank angle equal to 374°. This kind 

of evaluation takes into consideration all the geometrical details, since the used model is 

directly imported from the CAD software (SolidWorks) in ñ.Stepò format. In this paragraph, 

it will be shown the FEM analysis on the crankshaft with the components at the first design 

attempt. Moreover, the FE model of the crankshaft is a little bit different from the one 

described in paragraph: the element type used in the most critical areas in the first analysis 

is C3D8R (An 8-node linear brick, reduced integration, hourglass control), that however 

are reliable elements. The last analysis is performed using C3D20R elements in the most 

critical zones. The result of the first static strength analysis performed by Abaqus is 

reported in Figure 78.  

 

 
Figure 78 ï FEM result of the first static strength analysis of the crankshaft 

The first FEM analysis has highlighted that in all the components there are some zones in 

which the Von Mises stress is locally higher than the yielding strength. So, the stresses in 

the components will be analysed separately for better understanding some possible 

solutions.  

 

POSTERIOR CRANK 

 

The posterior crank has highlighted a Von Mises stress that is higher that the yield strength 

in the internal part of the crank pin. Such zone is shown in Figure 79. 

 

 
Figure 79 - Critical zone of the internal part of the posterior crank pin for a crank angle of 374° 
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The solution applied to the component has been to reduce the internal diameter, passing 

from 12 mm to 10 mm. Since the dimensions of the crank pin of the posterior and anterior 

cranks, the same change has been exported to the anterior crank, also because it 

presented the same problem. In Figure 80 is illustrated the path used for the extraction of 

the Von Mises stress in Abaqus, while in the graph in Figure 81 the reduction of the Von 

Mises stress from the first analysis (Von Mises 1) to the secondo analysis (Von Mises 2) 

after the changes. 

 

 
Figure 80 ï Path used for the extraction of the Von Mises stress 

 
Figure 81 ï Von Mises stress in the critical zone of the crank; Von Mises 1 is the stress carried out from the first 

analysis, while Von Mises 2 is the stress carried out from the second analysis, after the change of the internal 

radius 

The last FEM analysis has been performed by using C3D20R elements and a refined 

mesh in the fillet radius zone of the pin of the crank (Figure 82). The result of such analysis 

shows a Von Mises stress higher than the yielding due to the notch effect. 

 
























































































